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14.1 DISPLACEMENT PUMPS

byT.L.H

REFERENCES Buse, “Positive-Displacement Pumps,” Marks’ Handbook, 9t
ed., McGraw-Hill. Henshaw, “Reciprocating Pumps,” Van Nostrand Reinhol

“Hydraulic Institute Standards,” 14 ed., Hydraulic Institute. Chesney, Water

Injection—Pump Development, paper 68-Pet-11, ASME. Lees, Designing
High Pressures, paper 93-DE-9, ASME. “Positive Displacement Pump{
Reciprocating,” AP| Standard 674, American Petroleum Institute.

NOTE: Much of the text and some of the illustrations are from the author’s bo
Henshaw, “Reciprocating Pumps,” Van Nostrand Reinhold, 1987.

GENERAL

A displacement pump (also calledbositive-displacement, or justp-d) is a
pump which imparts energy to the pumpage (the material pumped
trapping a fixed volume at suction (inlet) conditions, compressing i
discharge pressure, then pushing it into the discharge (outlet) ling
displacement pump does not rely on velocity to achieve pumping
tion, as does a centrifugal pump or ejector.

Displacement pumps fall into two major classes: reciprocating g

rotary, as illustrated iTFIg—1Z7.1.
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Fig. 14.1.1 Classification diagram of displacement pumps.

Uses and Applications

Displacement pumps serve primarily in applications of low capacity

high pressure, those mostly beyond the capabilities of centrifu
pumps. Some of these services could be performed by centrifugals
not without an increase in power requirements and/or maintena
Because displacement pumps achieve high pressures with low pum

velocities, they are well-suited for abrasive-slurry and high-viscosjty
services. A reciprocating pump must have special fittings to be suitg

for most slurries.

Net Positive Suction Head

Net positive suction head (NPSH), also callednet positive inlet pressure
(NPIP) and net inlet pressure (NIP), is the difference between suctio
pressure and vapor pressure, at the pump suction nozzle, when the

is running. In a reciprocating pump, NPSH is required to push {
suction valve from its seat and to overcome the friction losses 4§

enshaw

h is required to push the pumpage into the cavities created by the pumping
0. elements.

If sufficient NPSH is not provided by the system, the pumpage will

forhegin to flash (boil) as it flows into the pump. The vapor will cause a

" deterioration of pump performance. As the vapor flows into regions of

higher pressure in the pump, it condenses back to a liquid. This collapse

k- of the vapor bubbles occurs with significant impact, impinging upon
metal surfaces with enough energy to break out small pieces of the
metal. This is calledavitation damage. The shock created by the bubble
collapse may be severe enough to crack a fluid cylinder or break a
crankshaft.

All pumps require the system to provide some NPSH. The NPSH
byrovided by the system is called NPSHA (the A is for available). The
toNPSH required by the pump is called NPSHR. For displacement pumps,
. ANPSHR is normally expressed in pressure units (bdinkPa).
he- Since water usually contains dissolved air, the vapor pressure of the
solution is higher than for deaerated water, but this is often overlooked
nawhen NPSH calculations are performed. The Hydraulic Institute recom-
mends an NPSH margin of 3 Ib/i§20 kPa) for power pumps in sys-
tems where the pumpage has been exposed to a gas other than the
liquid’s own vapor. A liquid (such as propane) at its bubble point in the
suction vessel requires no such margin.

RECIPROCATING PUMPS

A reciprocating pump is a displacement pump which reciprocates the
pumping element (piston, plunger, or diaphragm). The capacity of a
reciprocating pump is proportional to its speed, and is relatively inde-
pendent of discharge pressure.

A power pump is one that reciprocates the pumping element with a
crankshaft or camshaft (€€ Figs.14.1.2 and 14.1.3). It requires a driver
which has a rotating shaft, such as a motor, engine, or turbine. A
constant-speed power pump will deliver essentially the same capac-
ity at any pressure within the capability of the driver and the strength
of the pump.

A direct-acting pump is a reciprocating pump driven by a fluid which
has a differential pressure (§€€F1g. 14.1.4). The motive fluid pushes on
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a piston (or diaphragm) which pushes the pumping element throud
rod (or directly on the pumpage).
Reciprocating pumps are classified by the following features:

Drive end (power or direct-acting)

Orientation of centerline of the pumping element (horizontal or vé
tical)

Number of discharge strokes per cycle of each drive rod (sing
acting or double-acting)

Pumping element (piston, plunger, or diaphragm)

Number of drive rods (simplex, duplex, triplex, quintuplex, etc.)
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Fig. 14.1.3 Vertical power pump(Ingersoll-Rand Company.)

Uses and Applications
for Reciprocating Pumps

The justification for selecting a reciprocating pump instead of a cent
ugal or rotary is cost, including costs of power and maintenance.

Reciprocating pumps are best suited for high-pressure/low-capg
services. Such services include high-pressure water-jet cleaning
cutting; glycol injection and charge, as well as amine and lean
charge, in gas processing; ammonia and carbamate charging for fi
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h aaltwater injection and disposal; oil well blowout preventers; pipelines

(slurries and crude oil, and injection of ammonia and light hydrocar-
bons); steel and aluminum mill hydraulic systems; knockout drums in
process plants; hydrostatic testing; process slurries; metering; food and

" chemical homogenizing; well-drilling mud; and car washes.
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Fig. 14.1.4 Horizontal direct-acting gas-driven pump.

Applications that practically mandate reciprocating units are abrasive
and/or viscous slurries above about 500 IB(B500 kPa). Examples of
these services range from powdered coal to peanut butter.

High-Pressure Applications

Hand-powered pumps, for pressures to 40,000 P390 MPa), are
used for small jacks, deadweight testers, and hydrostatic testing of small
components. Small, air-driven direct-acting pumps are used for low-
flow, high-pressure systems such as hydrostatic testing. The liquid
pressure is approximately the air pressure multiplied (“intensified”) by
the ratio of the air piston area to the liquid plunger area. They are very
simple and will stall and hold a fixed pressure without using power; but
when pumping, they consume relatively large amounts of air. Available
up to 10 hp (7 kW), the most popular sizes are up to 2 hp (1.5 kW).
Pressures range to 100,000 I3/(@00 MPa).

Hydraulically drivenintensifiers operate on the same principle, but are
more efficient, and because of the higher pressures commonly available
from hydraulic systems, can produce high pressures with lower intensi-
fication ratios. Intensifiers are available to 300,000 Ib(2100 MPa)
for laboratory-scale hydrostatic applications. Intensifier systems for
water jetting are available from 30,000 to 60,000 1B/{@10 MPa to
410 MPa) up to 200 hp (150 kW). They are powered by electric motors
or diesel enginES_Figire 1#.1.5 shows the pumping end of an intensi-
fier.
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Power pumps (usually triplex or quintuplex) are available from abd

5to 150 hp (5 to 100 kW) with pressures to 40,000 1B(280 MPa),
and up to 2,000 hp (1500 kW) at 20,000 I¥/i(Ll40 MPa). Power
pumps are efficient and mechanically simple_Figure 14.1.6 sho
power pump liquid end for a 36,000 Ib#Arf250 MPa) water-jetting
pump.
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Fig. 14.1.6  Power pump liquid end for 36,000 IbAi{250 MPa) water jetting.
(NLB Corporation.)

Slurry Applications

The standard reciprocating pump is not designed to handle slurr
Modifications to standard designs, and in some cases special des
are required to achieve satisfactory operation and component life.

To achieve satisfactory packing and plunger life, abrasive slurry m
be prevented from entering the packing. Methods include a wiper r
between the pumpage and packing, a long throat bushing, injection
clean liquid into the throat area, insertion of a diaphragm or floati
piston between the plunger and the pumpage, and complete remov
the valve assembly from the stuffing box area. This last arrange
requires a liquid column between the valve assembly and the stu
box, which increases the clearance volume and acceleration head w
the pump.

Special pump valves are usually required for slurries. Depending
the nature of the solids, they can be ball, bell, bevel seat with elasto
insert, wing-guided with reduced seating area, or disk with special s4
ing surfaces. Special construction can prevent the slurry from contg
ing the packing, but the valves cannot avoid contact with the slurry,

Problems and How to Avoid Them
Reciprocating pumps have some disadvantages, the most com

utEaCh pumping chamber contains at least one suction and one discharge

alve.

The liquid cylinder is the major pressure-retaining part of the liquid
end, and forms the major portion of the pumping chamber.

P2 A piston pump is normally equipped with a replaceable liner (sleeve)
that absorbs the wear from the piston rings. Because a plunger contacts
only stuffing-box components, plunger pumps do not require liners.

Sealing between the pumping chamber and atmosphere is accom-
plished by astuffing box g#ﬂiﬁ). The stuffing box contains rings of
packing that conform | against the stuffing box bore and the
rod (or plunger).
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Fig. 14.1.7 Reciprocating pump stuffing box (nonlubricated) showing pressure

esgradient during discharge stroke.

an

st The valves in a reciprocating pump are simply check valves which
Ngare opened by the liquid differential pressure. Most valves are spring-
bf d0aded. They have a variety of shapes, including spheres, hemispheres,
g and disks. Disks may be center-guided, outside-diameter-guided, or
| afing-guided_Figures 14.1.8 through 14.1.13 illustrate some of the
Ntalves used in reciprocating pumps.
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Reciprocating pump disk valvélngersoll-Rand Company.)

being pulsating flow. Because of the pulsation, special consideragon

must be given to system design. Guidelines are provided later in
section.

In most applications, the initial and maintenance costs for a recipfo-
cating pump will be greater than for a centrifugal or rotary pump. Tihe

packing in a typical power pump lasts about 2,500 hours, less th
mechanical seal on a rotating shatft.
Most problems with reciprocating pumps can be minimized by

lecting pumps to operate at conservative speeds, by carefully desiging

the pumping system, by careful operating procedures, and by mai
nance practices which preserve the alignment of the plunger (or r
with the stuffing box.

Liquid-End Components

All reciprocating pumps contain one or more pumping elements (p
tons, plungers, or diaphragms) that reciprocate into and out of
pumping chambers. (In reciprocating pump terminologypijston is a
cylindrical disk which mounts on a rod. glunger is just a smooth rod.)
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Fig. 14.1.9 Reciprocating pump disk valvgDurabla Manufacturing Com-

pany.)



The Pumping Cycle

As the pumping element reverses from the discharge stroke to the
tion stroke, liquid within the pumping chambers expands, and the p
sure drops. Since most liquids are relatively incompressible, li
movement of the element is required to reduce the pressure. Whe
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Fig. 14.1.11 Reciprocating pump Fig. 14.1.12 Reciprocating
double-ported disk valve. pump conical-faced (bevel-

seat) wing-guided valve.
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pressure drops sufficiently below suction pressure, the differential pres-
gure (suction pressure minus chamber pressure) pushes the suction

esvalve open. This occurs when the element is moving slowly, so that the
levalve opens slowly and smoothly as the velocity of the element in-

tHe'

Fig. 14.1.13 Reciprocating pump ball valvélngersoll-Rand Company.)

eases. Liquid then flows through the valve and follows the element on
Its suction stroke. As the element decelerates near the end of the stroke,
the suction valve returns to its seat. When the element stops, the suction
valve closes.

The pumping element then reverses and starts its discharge stroke.
The liquid trapped in the pumping chamber is compressed until
chamber pressure exceeds discharge pressure by an amount sufficient to
push the discharge valve from its seat. The action of the discharge valve,
during the discharge stroke, is then the same as that of the suction valve
during the suction stroke.

Power Pumps

The drive end of a power pump is callegh@ver end (sed Fig_T4.1DP).

Its function is to convert rotary motion from a driver into reciprocating
motion for the liquid end. The main component of the power end is the
power frame, which supports all other power end parts and, usually, the
liquid end. The second major component of the power end isrtiné-

shaft (sometimes a camshaft). The crankshaft transmits power from the
driver to the connecting rods.

Theconnecting rod is driven by a throw (journal) of the crankshaft on
one end, and drives a crosshead on the other. The crankshaft moves in
pure rotating motion, the crosshead in pure reciprocating motion. The
connecting rod is the link between the twiain bearings support
the shaft in the power frame.

The crosshead transmits the force from the connecting rod into the
pumping element. It is fastened directly to a plunger or piston rod, or to
a rod called arxtension, stub, or pony rod. The other end of this rod is
fastened to the pumping element.

Power pump overall efficiencies normally range from 85 to 94 per-
cent, higher than any other type of pump.

Selection Graphs  Different manufacturers produce these graphs in
different configurations. All graphs consist of straight lines since dis-
placement is directly proportional to spded._Figure 124]1.14 shows one
such graph for a triplex power pump. Displacement is plotted against
crankshaft speed for the different plunger diameters available in the
pump. The pressures listed are those at which each plunger size would
operate to load the power end to its rated value (4,500 Ibf or 20,000 N).

Plunger Rated
diameter pressure
in. (mm) | psig (kPa)
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5r AA 2 (511 1425 (9800)
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£ 5 /|
5 ore L1 L1 (38) || 2500 (17,200)
3 S A A
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520 NN A A 1 (29) || 4510 (31,000)
5L LA =t (25) [l 5700 (39,600)
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Fig. 14.1.14 Power pump selection grapfingersoll-Rand Company.)

NPSH Curves [FEigure TAT15 provides insight into power pump
NPSHR characteristics, valve action, and the effect of valve springs on
pump performance. These curves are for a 3-in (76-mm) stroke, hori-
zontal, triplex plunger power pump with¥2in-diameter (57-mm)
plungers, and with suction valves that operate vertically. The valves are
wing-guided, and have a diameter approximately equal to the plunger
diameter.
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Because the axis of the suction valve is vertical, the valve can opefattrates the dramatic increase of NPSHR as pump speed is increased.

without a spring if the pump speed is kept low. Curve A represents
NPSH requirements with no springs on the suction valves. NPSHH
100 r/min is only 0.7 Ib/iA (5 kPa) (1.6 ft or 0.5 m of water), less tha
for most centrifugals.

10 70

9

NPSH required, Ib/in?
NPSH required, kPa

0l===" T ! 1 1 0
0 100 200 300 400 500
Pump crankshaft speed, r/min

A = no suction valve springs (std. disch.)

B = weak suction valve springs (std. disch.)

C = standard suction valve springs (std. disch.)
D = heavy valve springs—suction and discharge

Fig. 14.1.15 NPSH curves for a 3-in- (75-mm-) stroke triplex power pump.

heWNhen it is necessary to change suction springs, NPSHR increases ap-
aproximately as thequare of speed.

To minimize the problem of dissolved air, the NPSH tests that pro-
duced these curves were performed with water at, or near, its boiling
point in the suction vessel.

Reciprocating pumps, under the correct conditions, can operate with
a suction pressure below atmospheric. Such a situation, though, can lead
to air being drawn through the stuffing box packing and into the pump-
ing chamber on the suction stroke. This air will cause as many problems
as air entrained in the pumpage. Capacity will drop, the pump may
operate noisily, the system may vibrate, and damage may occur to pump
and system components.

This inward air leakage can be reduced by an external sealing liquid,
such as lubricating oil, being directed onto the plunger surface or into
the packing.

Test Criteria for NPSH ~ Power pump NPSH tests are performed by
holding the pump speed and discharge pressure constant, and varying
the NPSH available (NPSHA) in the system. Capacity remains constant
for all NPSHA values above a certain point. Below this NPSHA value,
capacity beings to fall. NPSHR is defined as the NPSH available when
the capacity has dropped 3 percent.

Acceleration Head ~ Because the velocities in the suction and dis-
charge piping are not constant, the pumpage must accelerate a number
of times for each revolution of the crankshaft. Since the liquid has mass
and, therefore, inertia, energy is required to produce the acceleration.
This energy is returned to the system upon deceleration. Sufficient
pressure, however, must be provided to accelerate the liquid on the
suction side of the pump to prevent cavitation in the suction pipe and/or
the pumping chambers. The drop in pressure, below the average, on the
suction side, caused by this acceleration, is caltederation head.

An approximation of acceleration head for power pumps is given by
the equatiorh, = LVNC/gK, whereh, = acceleration head, ft (m) of
liquid being pumpedt = actual length of suction line (not equivalent
length), ft (m);v = average liquid velocity in suction line, ft/s (m/s);

N = speed of pump crankshaft, r/mi@;= constant, depending on type
of pump;g = gravitational constant, ftfdm/<%); andK = fluid com-

The speed of the pump in this configuration is limited by the ability pf pressibility correction factor. Values for the consta@tandK are:
the suction valve to keep up with the plunger. Since there is no spring to

push the valve back onto its seat, gravity is the only force tending to

close the valve against the entering fluid. If the pump is run too fast, the Pump type c

valve will still_be_off it_s seat when the pI‘unger reverses to the dischafge Simplex, single-acting 0.400

stroke. The liquid will then momentarily flow backward through the Duplex, single-acting 0.200

seat, and the valve will be slammed onto the seat, sending a shock yave Triplex 0.066

into the suction manifold and piping. At that moment, the plunger|is Quintuplex 0.040

moving at a finite velocity, but the discharge valve is still closed. The Septuplex 0.028

pressure in the pumping chamber will quickly exceed discharge pies- Nonuplex 0.022

sure, and the discharge valve will be driven from its seat. A shock wgve

will be transmitted from the pumping chamber through the dischajge

manifold, and into the discharge line. The vertical line at the end|of Fluid K

Curve A indicates the maximum speed for proper suction valve opgra- Slightly compressible liquids such as deaerated water 14

tion. Most liquids 15
Curve B is for weak springs added to the suction valves. Becalise Highly compressible liquids (such as ethane) 2.5

both spring force and valve weight must now be overcome to openjthe

suction valve, NPSHR has increased about 100 percent over Curvg A.

These springs get the suction valves onto their seats quicker, so
operation is smooth at higher speeds.

If speeds beyond the end of Curve B are desired, stronger sud
valve springs are required. Stronger springs allow operation
400 r/min. NPSH requirements are about 3 times those of Curvel
ranging from about 2 to 5 Ib/#(14 to 35 kPa).

Curves A through C represent a pump equipped with the same (s
dard) discharge valve spring. Only the suction spring has been chan

If operation is required at speeds exceeding the limits of Curve
extra-strong springs are required on both suction and discharge va
As shown by Curve D, NPSHR is about double that required for
standard springs, ranging from about 4.5 to 9 IB(BL to 62 kPa).

th&dtote that increasing the pump speed, without changing the suction line,
increasesh, as the square of speed, because ho#nd N increase

fioproportionately with speed.

to Because this equation does not adequately compensate for pumpage

Aand system elasticity, it is recommended only for short, rigid suction
lines.

an- To reduce acceleration head in a suction line, a bottle or suction

pedtabilizer may be installed in the pipe, adjacent to the pump.

C, [Egqure TZT6 shows the theoretical flow rates for various types of

vepower pumps during one revolution of the crankshaft. Pumps with an

heodd number of cranks have the same flow variations for both single-act-
ing and double-acting liquid ends (except the simplex). Flow curves for

The dashed line passing through the ends of the NPSH curves il

usseptuplex and nonuplex pumps are similar to the quintuplex curve, with



more but smaller variations, as indicated in the tabulation. The val
tabulated will vary slightly with variations in the ratio of connecting ro|
length to stroke length. These curves indicate flow-rate variations,
pressure pulsations. Pressure pulsations are a product of the accelerat
created by the pump and the mass of the pumpage in the system.

B
A

Number of plungers

A= Simplex- double acting |
Max. rate of flow above mean 59.96%
Min. rate of fiow below mean [00.0 %

8 =Duplex-double acting-cranks 90° apart 2
Moax. rate of flow above mean 26.72%

Min. rate of flow below mean  21.56%

C=Triplex-single acting- cranks 120° apart 3
Mox rate of flow above mean 6.64%

Min. rate of flow below mean 18.42%

D =Quintuplex -single acting -cranks 72° apart 5
Mox. rate of flow above mean .88 %

Min. rate of flow below mean  563%

Septuplex - single acting - cranks 51%7° apart 7
Max rate of fiow above mean 1.2%

Min. rate of flow below mean  2.8%

Nonuplex-single acting-crdnks 40° apart 9
Max . rate of flow above mean 0.7%

Min. rate of flow below mean .5%

Fig. 14.1.16 Flow-rate variations in reciprocating power pumps.

Actual flow rates may vary considerably from these curves, parti
larly with high-speed pumps, where valve closing and opening may
the crankshaft rotation as much as’18nd at high pressures, wher
liquid compression may cause a further lag dt& 10¢° (or more for a
large clearance volume).

Power Pump Speeds  Probably the most controversial factor in th
selection of power pumps is the maximum allowable speed. Some n|
ufacturers, for example, offer 3-in- (76-mm-) stroke triplex pumps f]
operation at 500 r/min. One builder of portable water-jetting units rd
tinely operates this size pump at 600 r/min. Most users of this §
pump, in continuous-duty applications, prefer to operate it no faster tl
about 400 r/min.

Top speeds quoted by one manufacturer for the 3-in-stroke trip
increased over a period of years from 150 to 520 r/min. Althou
improvements in power end and liquid end construction made the pJ
capable of operating at higher speeds, albeit with shorter packing lif
major obstacle to higher speeds is system design. Initially, some tho
that a smaller pump, running faster to achieve the same capacity, w
produce less pulsation in the suction and discharge pipes. Unfg
nately, the opposite is true.

The velocity variation in the piping for a triplex pump is 25 percer
regardless of the pump size or speed [See Fig. 13.1.16). For the s
capacity, a smaller pump, running faster, will produce the same m
mum and minimum flow rates and more pulses per second. Since
acceleration head is proportional to frequency, doubling the pump sg
doubles the acceleration head, thereby reducing the NPSH avail
from the system. Also, doubling the speed requires a much stiffer v
spring, thereby significantly increasing the NPSHR of the pump. If {
NPSHA drops below the NPSHR, cavitation and pounding will occd

The best solution for excessive acceleration is an effective dampg
in the suction line; but such devices often are less effective at hig
frequencies, due to the inertia of their moving parts and inertia of
liguid inside them, which must oscillate for them to function.

Through field observations, the author developed a setagfmum
recommended speeds for plunger-type power pumps in continuous-dut
services. These speeds, as adopted by API 674, are shgwn Jn

[IZTTIY, along with the Hydraulic Institute basic speeds. Intermitt
and cyclic operation is often satisfactory above these speeds. Ld
speeds may be dictated by factors such as pump construction, sy
design, low NPSHA, entrained gas, high temperature, entrained so
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les The minimum speed of a power pump is determined by its ability to

0 provide sufficient lubrication to all bearing surfaces in the power end.
noSome units can run satisfactorily at 20 r/min. Others must be main-
ortained at 100 r/min or more.

Plunger load (also calledrameload androd load) is the force transmit-
ted to the power end by one plunger. For a single-acting pump, the
discharge plunger load is calculated by multiplying discharge pressure
by the cross-sectional area of one plunger. Suction plunger load is the
suction pressure multiplied by the plunger area.

A power pump is rated by the maximum discharge plunger load that
the power end is capable of absorbing when the suction pressure is zero.
Some units are rated for continuous operation, some for intermittent
operation, and some are rated both ways.

Torque Characteristics ~ For fixed suction and discharge pressures,
a power pump requires average input torque that is independent of
speed (except for increases at very low and very high speeds). The
torque actually has a variation that mirrors the discharge flow-velocity
curve. A power pump will require the same torque at one-half or one-
quarter rated speed and, therefore, will require one-half or one-quarter
rated power, respectivi .18 illustrates the variation of
average torque with speed for a typical triplex power pump.

Pump stroke length, mm

0 50 100 150 200
800 T T T 1
u-
ag 700
)
600
P
an- HerauIic Institute
br 500 basic speeds
u_
ze 400 Max. recommended
lan continuous-duty
speeds
ex 300
ph
mp
b a 200
ght
buld [
_ 0 R
tu 0 1 2 3 4 5 6 7 8

t Pump stroke length, in

ankég. 14.1.17 Maximum recommended speeds for plunger-type power pumps in

hxjcontinuous-duty services.

the

eed

bble The curve for full-load torque ITFIg 121118 is for starting against

Iveull discharge pressure. Breakaway torque is about 150 percent of aver-

heage full-load running torque. As speed is increased, and proper lubrica-

r. tion is established in the power end and packing, torque drops to the

neull-load, full-speed value, and is thereafter constant up to full speed.

her For a start-up that is easier on equipment, pump discharge is piped

heback to the suction vessel, making the discharge pressure near suction
pressure. The no-load curve[In Fig. 1Z]1.18 illustrates the resulting
torque requirements imposed by the pump on the drive train. Break-
away torque is approximately 25 percent of full-load torque. This will

Figary, depending on the type of packing and bearings in the pump and the

entlength of time the pump has been idle. As speed increases, the torque
edrops to less than 10 percent of the full-load torque.

stemPacking  The component normally requiring the most maintenance

idgn reciprocating pumps is packing. Although the life of packing in a

high viscosity, and requirements for a low sound level.

power pump is typically about 2,500 h (3 months), some installations,
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with special stuffing box arrangements, have experienced lives of nj
than 18,000 h (2 years), at discharge pressures to 4,000 (B8MPa).

Short packing life can result from any of the following conditiong:

(1) misalignment of plunger (or rod) with stuffing box; (2) wor
plunger, rod, stuffing-box bushings, or stuffing-box bore; (3) improg

160
140 |-
120
Full-load torque—
for pump start-up against
design discharge pressure
o 100
>
E‘
2
=]
&
o
S 80F
S
=
[0}
o
[
o 60 -
40 -
20 For pump start-up with a
bypass valve open to
the suction vessel —
no-load torque
0 ] ] ] ] ]
0 20 40 60 80 100

Percent of full speed
Fig. 14.1.18 Torque-speed curves for a typical triplex power pump.

packing for the application; (4) insufficient or excessive lubricatig
(5) packing gland too tight or too loose; (6) excessive speed or press
(7) high or low temperature of pumpage; (8) excessive friction (t
much packing); (9) packing running dry (pumping chamber ga

bound); (10) shock conditions caused by entrained gas or cavitatjon

broken or weak valve springs, or system problems; (11) solids from

pumpage, environment, or lubricant; (12) improper packing installation

or break-in; and (13) icing caused by volatile liquids that refrigerate g
form ice crystals on leakage to atmosphere, or by pumpage at temg
tures below 32F (0°C). As is evident from this list, short packing life
can indicate problems elsewhere in the pump or system.

To achieve a low leakage rate, the clearance between the plunge
rod) and packing must be essentially zero. This requires that the sea
rings be relatively soft and pliant. Because the packing is pliant, it te
to flow into the stuffing box clearances, especially between the plun

and follower bushing. If this bushing does not provide an effectije

orand, therefore, the largest pressure drop. The gap between the plunger
and the follower must be small enough to prevent packing extrusion.
Most packing failures originate at this critical sealing point.
Because this last ring of packing is the most critical, does the most
ersealing, and generates the most friction, it requires more lubrication
than the others. In a nonlubricated arrangenfenf (F1g. 14.1.7), this ring
must rely on the plunger to drag some of the pumpage back to it in order
to provide cooling and lubrication. Therefore, to maximize packing life,
the overall stack height of the packing should not exceed the stroke
length of the pump.

Because the last ring of packing requires more lubrication than do the
others, lubrication of the packing from the atmospheric side is more
effective than injecting oil into a lantern ring located in the center of the
packing. Care must be exercised to get the lubricant onto the plunger
surface and close enough to the last ring, so that the stroke of the
plunger will carry the lubricant under the ring.

During the first few hours of pump operation with new packing, each
stuffing box should be monitored for temperature. It is normal for some
boxes to run warmer than others—as much &~580°C) above the
pumping temperature. Only if this exceeds the maximum temperature
rating of the packing are steps required to reduce box temperature.

The best lubricant for packing in most services has been found to be
steam cylinder oil.

The concepts that a higher discharge pressure requires more rings of
packing and that a larger number of rings lasts longer are true for long-
stroke, low-speed machines, but have been disproven in a number of
moderate- to high-speed power-pump applications. Unless they are pro-
fusely lubricated, the larger number of rings create additional frictional
heat and wipe lubricant from the plunger surface, thus depriving some
rings of lubrication. On numerous saltwater injection pumps operating
at pressures above 4,000 728 MPa), Chesney reported that pack-
ing life was only two weeks with twelve rings of packing in each stuff-
ing box. With three rings in each box, packing life was approximately 6
months.

Plungers  Next to packing, the plunger is the component of a power
pump that typically requires most frequent replacement. The high speed
of the plunger and the friction load of the packing tend to wear the
plunger surface. For longer life, plungers are sometimes hardened, al-
though it is more common to apply a hard coating. Such coatings are of
chrome, various ceramics, nickel-based alloys, or cobalt-based alloys.
Desired characteristics of the coatings include hardness, smoothness,
high bond strength, low porosity, corrosion resistance, and low cost. No
one coating optimizes all characteristics.

Ceramic coatings are harder than the metals, but are brittle, porous,
and sometimes lower in bond strength. Porosity contributes to shorter
packing life. Mixing of hard particles, such as tungsten carbide, into the

- less-hard nickel or cobalt alloys has resulted in longer plunger life at the
u’ree:xpense of shorter packing life. _ _ o
o ' Stuffing Boxes  Various stuffing box designs (various lubrication
S_and bleed-off arrangements to minimize leakage and extend packing
orfife) are shown iCEIGTZTT9.
h ' The most significant advance in packing arrangements in recent years
N thas been spring loading. Spring loading is applied most to V-ring
(chevron) packing but also works well with square packing. The spring
ust be located on the pressure side of the packing. Springs of various
ypes can be used, including single-coil, multiple coil, wave-washer,
belleville, and thick-rubber-washer. The force provided by the spring is
l%mall compared to the force imposed on the packing by discharge pres-
( ; ; i ;
lingure- The major fu_nctlons of the spring are to provide a sma_II pr_eload to
dslqelp set the packlng, and to hold all bushings and packing in place
gegunng operation.
Spring loading of packing has the following advantages:

nd
er

barrier, the packing will extrude, and leakage will increase.
A set of square or V-type packing rings will experience a press

Requires no adjustment of the gland. The gland is tightened until it
rebottoms, then is locked. This removes one of the biggest variables in

gradient, during operation, as indicateIn Fig. 1#.1.7. The last ring ofpacking life: personnel skill.

packing, adjacent to the gland-follower bushing, will experience

e Alloys expansion. If the packing expands during the initial break-in,

largest axial loading, resulting in greater deformation, tighter sealingthe spring allows for the expansion.



@ Standard Lubricated Stuffing Box

Lubricant injected
under pressure

AT ST /‘figug

Movement of lubricant C oA
'»‘b ﬂ&\lv(ni;y ’\\_\\‘

Last rmg of packing
does most of sealing-
bites hardest into
plunger.

1. Good design.
2. Most of lubricant migrates into pumpage.
3. Packing may be square, chevron, or nonadjustable.

Alternate Lubricated Stuffing Box

Lubricant fed to plunger on
atmospheric side of packing

Movement of lubricant

most of sealing-bites
hardest into plunger.

1. Good design—performs better than standard arrangement
in most cases.

2. Puts lubricant under last ring—where it's needed most.

3. Allows use of low-pressure and drip-type lubricators.

4. Very little lubricant migrates into pumpage.

5. Packing may be square, chevron, or nonadjustable.

Last ring of packing does

© spring-Loaded Packin

Lubricant fed to plunger on
atmospheric side of packing

7 Al
ti/\\\\n_\*

- c Movement of lubricant ;

% &:E\\‘
7 V4

Last ring of packing does
most of sealing-bites
hardest into plunger.

1. Good design—long life—minimal leakage.

2. Puts lubricant under last ring—where it's needed most.
3. Allows use of low-pressure and drip-type lubricators.

4. No adjustment required (self adjusting).

@ Standard Box Used to Bleed Pumpage to Low-Pressure
Point—Bad Application
Total AP occurs
across these 3 rings

Bleed-off to low
pressure point

All 3 rings are fully loaded
mechanically—bite hard into plunger.

1. High friction causes excess heat.
2. Short life of packing and plungers.
3. Improper use of standard box—poor application.

® Modified Gland Follower to Allow Bleed-Off to Low
Pressure Point

Bleed-off

Unloaded mechanically.
Only load is low-pressure.

Only one ring highly loaded.

1. Less friction and lower temp. than “D".

2. Longer life of packing and plungers.

3. Big improvement over “D”, but secondary packing not
adjustable to compensate for wear.

© Double Tandem Spring-Loaded Packing

Bleed-off to low-pressure Lubricant injection
point (suction).

1. The best design available for most high-pressure,
critical services.

2. Combines best features of two-gland box and spring-
loaded packing—negligible leakage, long life, and
the packing is self-adjusting.

® Two-Gland Stuffing Box—Lubricated

Bleed-off to low- Lubricant Large

pressure point injection gland

(suction). adjusts
¥ primary

7
{A-_ .k

Movement of lubricant

7

e
Primary This ring i I
(hi-press.) does most Secondary
packing of sealing. (low-press.)
packing

. The old standard for high-pressure, critical services.

. Provides independent adjustment of primary and secondary
packing. (Proper adjustment requires skilled mechanic.)

. Full-size secondary packing.

. Positive packing lubrication.

. Negligible leakage to atmosphere.

. Long packing and plunger life.

. Excellent for volatile fluids.

N =

~NOoO b~ w

packing

Small gland
adjusts
secondary
packing

Fig. 14.1.19 Various stuffing box designs for reciprocating pumps.
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Adjusts for wear. As the packing wears, adjustment automatical
occurs from inside the box. The problem of transmitting gland mo
ment through the top packing ring is eliminated.

Provides a cavity. The spring cavity provides an annular space for t
injection of a clean liquid for slurry applications.

Eliminates the need for a gland, if allowed by pump design. The stuff-
ing box assembly (if a separate component) can be disassembled
reassembled on a workbench.

Disadvantages of spring-loading packing are associated with the

ity created by the spring. Since this cavity communicates directly wjth

the pumping chamber, the additional clearance volume will caus
reduction in volumetric efficiency if the pumpage is sufficiently conj

pressible. This cavity also provides a place for vapors to accumulaté.

the pump design does not provide for venting this space, a further
duction in volumetric efficiency may occur.

Spring-loaded packing is the reciprocating pump’s equivalent to
mechanical seal for rotating shafts. Leakage is low, life is extended,
adjustments are eliminated. Packing sets can be stacked in tandem
must be independently supported) for a stepped pressure reduction,
capture leakage from the primary packing that should not escape tg
environment.

Controlled-Volume Pumps A controlled-volume pump (also called a
metering, proportioning, Or chemical-injection pump) is a power pump
with an adjustable stroke length (or adjustadifective stroke length). It
is used to provide an accurate, and adjustable, capacity. The cap
can be changed manually, as shovildn EIg—TZ11.20, or with an elec
pneumatic, or hydraulic controller.

Such pumps can develop pressures to 30,00031§200 MPa) with
capacity controlled with+ 1 percent. The piston or plunger may com
in direct contact with the pumpage, or may be separated from the pu
age by a diaphragm. The diaphragm may be flat, tubular, or conica|
can be actuated mechanically, as sHownin Figl 14.1.20, or hydrg
cally, as shown iiLEig—TZ4.T31. Mechanically actuated diaphragms
generally limited to capacities of 25 gal/h (100 L/h) and pressureq
250 Ib/ir? (1,700 kPa).

Direct-Acting Pumps

The direct-acting pump{see Fig] 14.1.4) has some of the same
vantages as the power pump, plus others. These units are also

suited for high-pressure, low-flow applications. Discharge pressu
normally range from 100 to 5,000 IbAn(0.7 to 35 MPa),

but may exceed 10,000 IbAn(70 MPa). Capacity is proportional
to speed from stall to maximum speed, affected little by discha
pressure. Speed is controlled by controlling the motive fluid. T|
unit is normally self-priming, particularly the low-clearance-volum

type.
Direct-acting pumps are negligibly affected by hostile environmen

Discharge ball

Stroke check valve
idnjs;tment Reciprocating
plunger Return
spring
I \lj\

-—
—_—

e e

T /&

! . Mechanically .
Eccentric actuated
cam diaphragm
E:E Process fiuid Suction ball

check valve

Fig. 14.1.20 Controlled-volume pump with mechanically actuated diaphrag
and manual-adjustment stroke leng{Reprinted from James P. Poynton, ‘‘Me-
tering Pumps: Selection and Application,” Marcel Dekker, Inc., Copyright 1983.

y such as corrosive fumes, because of the absence of a bearing housing,

e-crankcase, or oil reservoir (except for units requiring lubricators). Some
direct-acting pumps, inundated by floodwater, have continued to oper-

e ate without adverse effects. The direct-acting pump is quiet, simple to
maintain, and its low speed often results in a long life.
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Automatic bieed check valve
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T‘pFig. 14.1.21 Controlled-volume pump with hydraulically actuated double dia-
. |_§3hragms.(Reprinted from James P. Poynton, ‘‘Metering Pumps. Selection and
uliApplication,”” Marcel Dekker, Inc., Copyright 1983. Used by permission.)

are

of Since the direct-acting pump was originally designed to be driven by

steam (initially, most pumps were), it was known aseam pump—not

for the pumped fluid, but for the motive fluid. Other fluids are now also
sed to drive direct-acting pumps. Fuel gas, which would otherwise be
hrottled through a pressure regulator for plant use, is often piped
hrough a direct-acting pump to provide “free” pumping. Compressed

air is frequently used to drive small pumps for services such as hydro-

static testing and chemical metering. Hydraulic oil is used to drive

ei ntensifiers for high-pressure water-jetting.

?e Direct-acting air-driven diaphragm pumps handle a variety of liquids

A at pressures up to the pressure of the driving air. This pump, as shown in

Fig. 14.1.22, has no stuffing box or packing, and therefore has no leak-
age, unless a diaphragm fails. Failure of a diaphragm may result in
pumpage in the exhaust air and/or air in the pumpage.

Direct-acting pumps operate at speeds that normally range from 0 to
50 cycles/min, depending on the stroke length. The ability of these units
to operate at speeds down to zero (i.e., stall conditions) is desirable for
some applications.

The direct-acting pump has a low thermal efficiency when driven by
a gas (such as steam or air). The mechanical efficiency (output force
divided by input force) is high; but because the unit has no device to
store energy (such as a flywheel), the motive gas must remain at full
inlet pressure in the drive cylinder through the entire stroke. At the end
of the stroke, the gas expands to exhaust pressure, but no work is per-
formed during this expansion. Hence, the thermal energy of the gas is
lost to friction. Steam pumps consume about 100 Ib/h of steam for each
hydraulic horsepower (hhp) (60 kg7/kW) developed on the liquid end.
When natural gas or air is the motive fluid, consumption is about 3,500
std. f8/h-hhp (130 mi/h-kW).

The drive end (or steam end, or gas end) of a direct-acting pump
converts the differential pressure of the motive fluid to reciprocating
motion for the liquid end. It is similar in construction to the liquid end,
containing a piston (or diaphragm) and valving. The major difference is

a

re

s,

Im

Used by permission.)

that the valve is mechanically actuated by a control system which senses



the location of the drive piston, causing the valve to reverse the flow
the motive fluid when the drive piston reaches the end of its stroke

The main component of the drive end is the drive cylinder. TH
cylinder forms the major portion of the pressure boundary, and supp
the other drive end parts.

Discharge

valve

Diaphragm distribution

valve

Diaphragm
rod

Inlet

Fig. 14.1.22 Direct-acting, air-driven diaphragm punilsed by permission of
Warren Rupp, Inc., a unit of IDEX Corp., Mansfield, OH.)

Mechanical Efficiency— Direct-Acting Pumps For a direct-acting
pump, mechanical efficiency is the ratio of the force transmitted to
liquid by the piston (or plunger or diaphragm) to the force transmitted
the drive piston (or diaphragm) by the motive fluid. For double-acti

100
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Mechanical efficiency 7,,, %

20

0 | | | | | | |
10 20 30 40 50 60 70

Pump speed, cycles/min

Fig. 14.1.23 Mechanical efficiency of a direct-acting pump.
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ofpumps, the differential pressures are used at both ends of the pump, and

since fluid friction losses in valves and ports must be charged to the

is pump, the pressures are as measured at the inlet and outlet ports. In
brtequation form:

_ AAp
Adr Apdr

wheren,,, = mechanical efficiency of pump\_ = area of liquid piston
or plunger,Ap, = differential pressure across liquid e, = area of
drive piston, and\py, = differential pressure across drive end.

The area of the piston rod is usually small relative to the piston area,
and is often ignored. However, it must be considered when the rod area
becomes a significant portion of the piston area.

The mechanical efficiency of a typical direct-acting pump is shown in
Fig. 14.1.23. Note that,, rises as speed is reduced. It is this character-
istic that allows the unit to be controlled by throttling the motive fluid.
The reduction in the available differential driving pressure forces the
pump to operate more efficiently, i.e., at a lower speed.

T (14.1.1)

ROTARY PUMPS

Rotary pumps are displacement pumps which have rotating pumping
elements, such as gears, lobes, screws, vanes, or rollers. They do not
contain inlet and outlet check valves, as do reciprocating pumps. They
are built for capacities from a fraction of a gallon per minute (cubic
meter per hour) (for domestic oil burners) to about 10,000 gal/min
(2000 n#/h) (for marine cargo service). Though used for pressures up to
5,000 Ib/ir? (35 MPa), their particular field is for pressures of 25 to
500 Ib/ir? (170 to 3,500 kPa).

Most rotary pumps rely on close running clearances to prevent the
pumpage from leaking from the discharge side back to the suction side
of the pump. Because of the close clearances, the pumpage must be
clean. Most rotary pumps are noted for their ability to handle viscous
liquids, and many actuallyequire a viscous liquid to achieve peak
performance. Viscosity affects the mechanical efficiency, volumetric
efficiency, and NPSHR of a rotary pump.

Therotor is the pumping element of the rotary pump, and is usually

rt‘gthe feature by which the pump is classified.

'Y teeth are on the outside of the gear, as shoWInFig14.1.24, it is called

Gears The teeth of the gear trap and displace the pumpage. If the

anexternal gear. As the teeth disengage, suction pressure pushes liquid
into the cavities between the teeth. The teeth then carry the liquid
around to the discharge side of the pump. As the teeth engage, the fluid

Fig. 14.1.24 External-gear rotary pumgReprinted from ‘‘Hydraulic Institute
Standards for Centrifugal, Rotary and Reciprocating Pumps,”” 14th ed., copyright
1983, with the permission of Hydraulic Institute.)

is pushed into the discharge line. In the most common type of gear
pump, one of the pumping gears drives the other pumping gear. This
direct contact between the teeth requires the pumpage to be a good
lubricant. In some units, though, the two pumping gears are driven by
gears (callediming gears) mounted on the two shafts external to the
pumpage. With this arrangement, the two pumping gears do not contact
each other, and the unit is more suitable for liquids with low lubricity.
This arrangement does, however, require a larger, more complex pump.

If the teeth are on the inside of a ring, as showBIDEIg—TZ11.25, it is
called aninternal gear. In this unit, the larger internal-tooth gear drives
the smaller external-tooth gear. Both gears transfer liquid from the suc-
tion to the discharge.
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Both external- and internal-gear rotary pumps are used in lubricaf
systems of engines, compressors, and larger pumps.

Lobe pumps are similar in construction and pumping action to ext
nal gear pumps, but one lobe does not drive the other. They do not €

Fig. 14.1.25 Internal-gear rotary pump.
touch each other, and therefore must have their shafts independd
driven by external timing gears. The lobes are often made of elaston
and operate at low speeds. These units are used to transfer delicate
such as cherries and other foods—ar
even live fidh Figure T4]1.26 shows a rd
tary pump with three-lobe rotors.

Screw pumps are constructed with one
two, or three screws. The single-scre
pump is more commonly called a pro
gressing-cavity pump, and is discussg
separately below. The two-screw pumg
as illustrated bfrFig. 14147, is use
to handle liquids with viscosities to
greater than 1,000,000 SSU (200,00
mmn/s), with capacities to about 10,00(
gal/min (2000 rd/h), pressures to 2500
Ib/in2 (17 MPa), and temperatures tg
60C°F (30C0°C). It is particularly suited
for high-viscosity liquids.

The three-screw rotary pump, as illus
trated ICEIQ—TZ128, is a high-speed pump (up to 6,000 r/min) u
primarily for lubrication systems on turbines, compressors, and cen
ugal pumps.

Fig. 14.1.26 Three-lobe
rotary pump(Reprinted from
“‘Hydraulic Institute San-
dards for Centrifugal Rotary
and Reciprocating Pumps,”’
14th ed., copyright 1983,
with the permission of Hy-
draulic Institute.)

[~
Fig. 14.1.27 Two-screw rotary pump.

A progressing-cavity pump is illustrated iREIg—TZTP9. The rotor i
made of polished steel, and in the shape of a single-lead screw.
stator, usually made of elastomer, is in the shape of a double-lead sd
As the rotor turns, its axis prescribes a circle. This characteristic
quires the rotor to be driven by an internal universal joint (or equi
lent). The pumpage moves through the pump in a spiral. The rub
stator makes this unit well-suited for abrasive services.

[Eigure TZT30 illustratessiiding vane rotary pump. The single rotor

on Flexible Member
liners, and tubes. The flexible tube pump, also callpetataltic pump,

br-is shown i .

ven

ntly

ersfﬁig. 14.1.28 Three-screw rotary pump.
tems

[=)

Fig. 14.1.29 Progressing-cavity (single-screw) rotary punfidydraulic Insti-
tute.)
ed

rif-

Fig. 14.1.30 Sliding-vane rotary pump(Reprinted from ‘‘Hydraulic Institute
Sandardsfor Centrifugal, Rotary and Reciprocating Pumps,”’ 14th ed., copyright
1983, with the permission of Hydraulic Institute.)

contains multiple vanes which slide in radial slots. The rotor and casjngrig. 14.1.31  Flexible-tube (peristaltic) rotary pumgHydraulic Institute.)

are eccentric. The vanes maintain contact with the casing by centrify
force and pressure. These units are typically available for capacitie]

gal
5 to A radial-plunger rotary pump is sholAInFig114.1.32. Aaxial-

1000 gal/min (200 /#¥h), viscosities to 500,000 SSU (100,000 Ais),
and pressures to 125 Ib?if900 kPa). Some sliding-vane pumps al
suitable for low-lubricity liquids such as light hydrocarbons.

plunger rotary pump (also called aaxial-piston or swash-plate pump) is

shown iTEID—TZT333. In these pumps, the inner body rotates, causing
each plunger to alternately accept pumpage from the inlet and deliver it

Some rotary pumps are built with flexible vanes,



to the discharge port. In the radial pump, the length of stroke of e
plunger is established by the eccentricity of the rotor. In the axial pu

the stroke length is established by the angle of the plate or shaft.
some pumps, the eccentricity (or angle) is adjustable, providing varig

iy E=e\N
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Fig. 14.1.33  Axial-plunger
(swash-plate) rotary pump.

W//////I///I‘
R

Fig. 14.1.32 Radial-plunger
rotary pump.

displacement. Rotary plunger pumps are used in hydraulic systen
provide power to hydraulic motors and cylinders.
Circumferential-Piston Pump  Although sometimes considered
lobe pump, this unit (shown IIEIgTZT134) differs from the lobe unit
that there is no close clearance between the two rotors. Close clear]
does exist, though, between each rotor and adjacent stationary pa

Fig. 14.1.34  Circumferential-piston rotary pumgHydraulic Institute.)

Thecasing (also called @ody or housing) is the main pressure-retain
ing component of a rotary pump. It supports the rotor, contains
suction and discharge nozzles, and usually forms a portion of
boundaries of the pumping chambers.

Thebearings of a rotary pump may be internal or external. If interng
they are lubricated by the pumpage. If the pumpage is not suitable
bearing lubrication, the bearings must be external. External beari
require two pumpage seals on each shaft. Some rotary pumps co
four seals.

[Eigure T2 135 shows typiceadtary pump performance curves. Capac-
ity, mechanical efficiency, and power are plotted against pressure.
difference between displacement and capacity is called?ower input
is the sum of power output and power losses (due to friction and sl

As defined by the Hydraulic Institute, the NPSH required by a rotgry

pump is that value of NPSHA when cavitation noise, a sharp drog
capacity, or a 5 percent reduction in capacity occurs, whichever oc
first. The definition is not as precise as the reciprocating pump 3 per
capacity drop.

Increased Running Clearances  An increase in the clearances bd
tween the rotating parts, and/or between the rotating and statio
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hclcauses the volumetric efficiency to drop, the mechanical efficiency to
hp,drop, and the NPSHR to rise. If the unit is running at a constant speed,
Otthe lower volumetric efficiency (lower capacity) will result in a lower
blelischarge pressure if the system head varies with capacity.

Pressure, kN/m?

500 1000 1500 2000
00 -~ I I\/olur:nelfri:c eff ;)e'rcén; :
apqacit
30 80 40 200 S -
- o Overall eff. !
% 20 80508 1C percen ; £
240 20100 e g <
10 o 2 -
20 10 50— 12
o o O0p 100 200 300

s to Pressure, Ib. per sq.in.

Fig. 14.1.35 Rotary pump performance curves for a herringbone gear pump at
600 r/min with a 400-SSU (90-miis) liquid.
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pnce
ts.VOLUMETRIC EFFICIENCY

Volumetric efficiencyn, of a displacement pump is the ratio of capacity
Qto displacemenb: n, = Q/D. Capacity is the volume flow rate in the
suction pipe. Displacement is the volume swept by the pumping ele-
ments per unit time. For a single-acting triplex plunger pump, displace-
ment may be calculated as followB: = 3(7/4)d2LN, whereD =
displacementd = diameter of plungerl. = stroke length; andN =
crankshaft speed, r/min.

To predict the capacity of a reciprocating pump, in the selection
process, it is necessary to predict the volumetric efficiency. Volumetric
efficiency may be calculated with the following equation:

S C E71>
Vg

=1-— - —
v D’ D’
wheren, = volumetric efficiency;S = slip through both suction and
discharge valves, typically about 3 percenbdf D’ = displacement of

one pumping element during one stroke= clearance volume (dead
space) in the pumping chamber (when the pumping element is at the end
of the discharge strokey, = specific volume of pumpage at suction
conditions; and/y = specific volume of the pumpage at discharge con-
ditions.

Although volumetric efficiency has an effect on mechanical effi-
ciency, in reciprocating pumps the two do not necessarily move in
unison. It is possible to have a higf, with a low 7, (due to liquid
compressibility), or a low,,, with a highm, (such as would occur in a
hehigh—suction—pressure, low-differential-pressure application).

[he The same equation can be applied to rotary pumps, but usuaty

Vy, SO that Eq. (14.1.2) reducesig = 1 — S/D’. For a rotary pump,
» S = leakage of pumpage from the discharge side of the pump to the
fOLyction side. Because rotary pumps have no check valves, they must
'O%ely on close clearances to restrict slip. Slip is a function of the differen-
taffy| pressure, the viscosity of the pumpage, and the clearance between

the parts. Slip in a rotary pump is usually a higher fraction of displace-

Threnent than in a reciprocating pump.

(14.1.2)

r?)'POWER OUTPUT AND INPUT

inThepower output (also callechydraulic power, hydraulic hor sepower, and
urgvater horsepower) of any pump is the usable power it imparts to the
erpumpage. It is the product of capacity and differential pressure.

In U.S. units,P, = Q X Ap/1,714= Q(py — py/1,714, whereP, =
- power output, hpQ = pump capacity, gal/min\p = pump differential
arpressure, |b/ify p; = pump discharge pressure, IbZimndp, = pump

parts, of a rotary pump will cause the slip to increase. An increase in

Blipsuction pressure, Ib/An
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In metric units,P, = Q X Ap/3,600= Q(py — py/3,600, where
P, = power output, KWQ = pump capacity, fih; Ap = pump differ-
ential pressure kPgyy = pump discharge pressure, kPa; gnd=
pump suction pressure, kPa.

The power input (sometimes calledrake horsepower) is the power
required to drive power and rotary pumps. Normally, the power ing
includes the losses in an integral gear unit, but not the losses in a S|
rate gear unit or variable-speed drive. V-belt losses may be include
the mechanical efficiency is known, power input may be calculated
dividing the power output by the mechanical efficiency.

MECHANICAL EFFICIENCY—POWER AND
ROTARY PUMPS

Mechanical efficiency (also callecbump efficiency andoverall efficiency) of
a power-driven pump is the ratio of output poviRyto input powerP;:
Nm = Po/P;.

As shown ilLEIg— 14136, mechanical efficiency drops as the fra
load is reduced, because the power output falls faster than fric
losses, and becomes a smaller part of the power input. Mecharj
efficiency is zero when the differential pressure is zero.

100 -
95 [~
%0 /
° L~
S g5l / ;
& =
& sor d
K 34
o
5 75 3Y2
E 3y, P_Iunger )
S 70 diameter, in
5 —3
3
= 65 — 2%
Curves are for pumpage with
high lubricity or for lubricated
Pump: packing. If pumpage has low
<— Ain st'roke :ugr?city z:ljn(é p;cking is not
horizontal triplex ubricated, deduct two percentage
) | Ppoints. A |
0 20 40 60 80 100

Frame load (% of rated)
Fig. 14.1.36 Mechanical (overall) efficiency of a triplex power pump.

PULSATION DAMPENERS

A pulsation dampener is a device which reduces the pressure pulsatid
created, in a suction or discharge pipe, by the interaction of a pump
a system. The dampener performs this function by reducing the velo
variations of the pumpage in the pipe.

Most reciprocating pumps, and many rotary pumps, create a variaj
in the velocity of the pumpage in the piping. Unless the suction g

between the dampener and pipe. For a low suction pressure, a simple
air-filled standpipe is often adequate. For the discharge side, and for
high suction pressures, the dampener often contains a diaphragm or
bladder that is precharged with nitrogen to about 70 percent of system
pressure.

ut

Epa-

. IBYSTEM DESIGN

(=3

yA properly designed system is necessary for a satisfactory installation.
Improper design will result in a system that vibrates and is noisy. Pulsa-
tions may be severe enough to damage pump components and instru-
mentation.

Field experience and information from the Hydraulic Institute stan-
dards are condensed below into a list of general design guidelines for
the (1) suction vessel, (2) suction piping, and (3) discharge piping. The
asterisks in the following lists show features ttatnot apply to rotary
pumps that produce a uniform flow rate (constant velocity).

€ The suction vessel should:
Ii?;gl Be large enough to provide sufficient retention time to allow free gas
to rise to the liquid surface.

Have the feed and return lines enter below the minimum liquid level.

Include a vortex breaker over the outlet (pump suction) line and/or
provide sufficient submergence to preclude vortex formation.

Contain a weir plate to force gas bubbles toward the surface. The top
of the weir must be sufficiently below the minimum tank level to avoid
disturbance.

The suction piping should:

Be as short and direct as possible.

Be one or two pipe sizes larger than the pump suction connection.

Have an average liquid velocity less than the valu 1.37.*

Contain a minimum number of turns, which should be long-radius
elbows or laterals.*

20 -

]

o 15

2 DX = duplex (2 plungers)

= TX = triplex (3 plungers)

§ QX = quintuplex (5 plungers)

[}
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and Crankshaft speed, r.p.m.

3't¥:ig. 14.1.37 Suction line velocities for constant acceleration head, for recipro-
_ cating power pumps.

ion

nd

discharge vessels are very close to the pump, these velocity variat
will be converted by the system into pressure variations. To red

ons Be designed to preclude the collection of vapor in the piping. (There
ceshould be no high points, unless vented. The reducer at the pump should

these pulses, a small vessel can be installed in the suction and/or|dide the eccentric type, installed with the straight side up.)

charge line. Such a vessel mounted in the discharge line is callqd a Be designed so that NPSHA, allowing for acceleration head, exceeds
pulsation dampener. If the suction pressure is high enough, this same NPSHR.

type of device can be used in the suction line, but a special dampener, Include a suitable suction stabilizer/gas separator located in the suc-

called asuction stabilizer will perform the dual function of reducing
pulses and separating free gas from the pumpage.

tion pipe adjacent to the pump liquid end if the acceleration head is
excessive or the pumpage contains free gas.

For optimum effectiveness, each dampener must be installed cloge to Contain a full-opening block valve so that flow to the pump is not
the pipe and adjacent to the pump. There must be minimal restrictiomestricted.
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Not include a strainer or filter unless regular maintenance is assufed. Contain a bypass line and valve so that the pump may be started
(The starved condition resulting from a plugged strainer can cause njoragainst negligible discharge pressure.
damage to a pump than solids.) Contain a check valve to prevent the imposition of system pressure
on the pump during start-up.

The discharge piping should:
The features of a good system are illustratddin Fig. 14]1.38.

Be one or two pipe sizes larger than the pump discharge connecfion.

Have an average velocity less than 3 times the maximum suction |ine
velocity. Remedies for Low NPSHA/High NPSHR

Contain a minimum number of turns, using long-radius elbows gndin designing the suction system for a displacement pump, if NPSHA is
laterals where practical. found to be less than NPSHR, a remedy may be found in the following

Include a suitable pulsation dampener (or provisions for adding opelist:
adjacent to the pump liquid end.*

Contain a relief valve, sized to pass full pump capacity at a presqure
that does not exceed 110 percent of cracking pressure (the opehin
pressure of the relief valve). The discharge from the relief valve sholl
be piped back to the suction vessel so that gases liberated throug tt}e
valve are not fed back into the pump. a

Increase the diameter of the suction line.
Reduce the length of the suction line by providing a more direct
ute, or by moving the pump closer to the suction vessel.
Install a suction bottle or stabilizer adjacent to the pump liquid end. A
bricated bottle has often been successfully used at pressures below
about 50 Ib/i& (300 kPa), but maintenance of a liquid level is required.
A section of rubber hose in the suction line, adjacent to the pump, will
Minimum liquid level often reduce the acceleration head.
Py Elevate the suction vessel or the level of liquid in the suction vessel.
Reduce temperature of pumpage. (If the pumpage is at bubble point
in the vessel, it must be cooled after it leaves the vessel.)
Reduce speed of the pump, or select a larger pump running slower.
At a lower speed, it may be possible to operate a reciprocating pump

~e— Feedin

Relief valve w/
10 percent max.
pressure

breaker . §
Line velocity
5-15 fi/s

aCC“m“'a““) Start-up and with light suction valve springs, or none at all.)
4 capacity-control . . . . . . .
i valve If the above steps are insufficient, impractical, or impossible, a

Y/ booster pump must be provided. A booster for a displacement pump is
I normally a centrifugal, although direct-acting reciprocating and rotary

pumps are sometimes used. The NPSHR of the booster must be less
than that available from the system. The head of the booster should
exceed the main pump NPSHR plus suction-line losses by about 20
percent. The booster should be installed near the suction vessel, and

Long-radius Pulsation
elbow dampener

/ Full-opening ~ Suction

valve / stabilizer
Suction line

velocity, 1-3 ft/s —

Line velocity

cylinder 3-10 ft/s : P . . :
Eccentic reducer 1 (osin Minimum number of wrns a pulsation bottle or stabilizer should be installed in the suction
wifiat side up good piping support line, adjacent to the main pump, to protect the booster from pulsating
Fig. 14.1.38 A good system for a reciprocating pump. flow.

14.2 CENTRIFUGAL AND AXIAL-FLOW PUMPS
by Igor J. Karassik

REFERENCES (1) Theory: Stepanoff, “Centrifugal and Axial Flow Pumps,”| periphery. The major portion of the velocity energy is then converted
Wiley. Wislicenus, “Fluid Mechanics of Turbomachinery,” McGraw-Hill.| into pressure energy by means ofaute [Elg_142 2) or by a set of
Pfleiderer, “Die Kreiselpumpen,” Springer. Spannhake, “Centrifugal Pumgs, stationaryiffusion vanes (EIQ_14.2.3) surrounding the impeller periph-
Turbines and Propellers,” Technology Press. (2) Practice: Hicks, “Pump Se'ec—

tion and Application,” and “Pump Operation and Maintenance,” McGraw-Hill.
Standards of the Hydraulic Institute. Karassik, “Centrifugal Pump Clinic,” Maf-
cel Dekker, Inc. 1B 2
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P d in thi tion fall into th Icl ser(tt)f 123 4 '\\:m:\?)

umps covered in this section fall into three general classe - NG g

ugal cF))r radial-flow, (2) mixed-flow, and (3)axial-flgw or propeller pumps. ik iR \\..,ﬂlhk*"’\/éml..;\& 73
The essential elements of a centrifugal pump are (l)diaging element,

consisting of the shaft and the impeller, and (2) $tagionary element,
consisting of the casing, stuffing boxes, and bearingd{see Fig. 114.2.1).
Other parts, such as wearing rings and shaft sleeves, are generally ddded
to produce better-operating, more economical machines as warrantgd by
the various services on which the pumps are to be used. Names re¢om-

mended by the Hydraulic Institute for various parts are givénin Jable
12270
In a centrifugal pump the liquid is forced, by atmospheric or other
pressure, into a set of rotating vanes which constitute an impeller FiSFig. 14.2.1 Horizontal single-stage double-suction volute pump. (Numbers

charging the liquid at a higher pressure and a higher velocity atlitsrefer to parts listed iCITaAETZA.1.)
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Table 14.2.1 Recommended Names of Centrifugal-

Pump Parts
(These parts are called ouIn FIgs. 1412.1, 14.2.4, and 14.2.5)
Item Item
no. Name of part no. Name of part
1 Casing 33 Bearing housing (outboard|
1A Casing (lower half) 35 Bearing cover (inboard)
1B Casing (upper half) 36 Propeller key
2 Impeller 37 Bearing cover (outboard)
4 Propeller 39 Bearing bushing
6 Pump shaft 40 Deflector
7 Casing ring 42 Coupling (driver half)
8 Impeller ring 44 Coupling (pump half)
9 Suction cover 46 Coupling key
11 Stuffing-box cover 48 Coupling bushing
13 Packing 50 Coupling lock nut
14 Shaft sleeve 52 Coupling pin
15 Discharge bowl 59 Handhole cover
16 Bearing (inboard) 68 Shaft collar
17 Gland 72 Thrust collar
18 Bearing (outboard) 78 Bearing spacer
19 Frame 85 Shaft-enclosing tube
20 Shaft-sleeve nut 89 Seal
22 Bearing lock nut 91 Suction bowl
24 Impeller nut 101 Column pipe
25 Suction-head ring 103 Connector bearing
27 Stuffing-box-cover ring 123 Bearing end cover
29 Lantern ring 125 Grease (0il) cup
31 Bearing housing (inboard) 127 Seal piping (tubing)
32 Impeller key

ery. Pumps with volute casings are calledute pumps; those with
diffusion vanes are callediffuser pumps. The latter were once com-|
monly called turbine pumps, but this term has recently been more s¢g
tively applied to vertical deep-well centrifugal diffuser pumps, no
calledvertical turbine pumps.

Centrifugal pumps are divided into other categories, several of wh
relate to the impeller. First, impellers are classified according to
major direction of flow in reference to the axis of rotation. Centrifug
pumps may have (Ljadial-flow impellers [Eigs_T4.211, 14.2.2, and
14.2.5), (2)axial-flow impellers[(Elg—14.3.4), and (3pixed-flow im-
pellers, which combine radial- and axial-flow principles{Fig-14.2.7).

2l

s

1

Fig. 14.2.2  Single-stage end-suction volute pump.

Casing

Diffuser

/X

Impeller ‘

Fig. 14.2.3 Diffuser-type pump.

lec-

ch
he

Fig. 14.2.4 Vertical wet-pit diffuser pump bowl. (Numbers refer to parts listed
inMable 1427 .)

68

78

‘-‘d

i
Fig. 14.2.5 Vertical end-suction pump with a double-volute casing. (Numbers
refer to parts listed il Taple 12.2.1.)

Impellers are further classified according to the flow arrangement
into (1) single-suction, with a single inlet on one side, and @uble-suc-
tion, with water flowing to the impeller symmetrically from both sides.
They are categorized according to their mechanical construction into
(1) closed, with shrouds or sidewalls enclosing the waterwaysof@h,
with no shrouds, and (3emiopen or semiclosed.

If the pump is one in which the head is developed by a single im-
peller, it is called asingle-stage pump. When two or more impellers



operating in series are used, the unit is calleduitistage pump. The
mechanical design of the casing provides the added classificatio
axially split (EIQ_1Z.2.1) oradially split (EIgS. 14.2.2 and 14.2.5), and
the axis of rotation determines whether the pump is horizontal-sh
vertical-shaft, or (occasionally) inclined-shaft. Usually these are
ferred to simply asorizontal or vertical units.

Horizontal centrifugal pumps are classified still further according
suction-nozzle location into (Ihd-suction, (2) side-suction, (3) bottom-
suction, and (4)top-suction.
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dictated by the discharge pressure, with 1,300 to 2,00®I(gihto 140
dfg/cn?) forming the approximate limit between the two. Radially split
casings are normally designed as double casings; the working parts of
pftthe pump are enclosed in an inner casing, which is then inserted into a
e-second, or outer, casing. The space between the two casings is main-
tained at the discharge pressure of the last pump stage.
[0 Impellers and Wearing Rings

In addition to being classified with reference to the suction flow into the

Some pumps operate with the liquid conducted to and from the dnitimpeller, the basic flow component, and their mechanical features, im-

by piping. Other pumps, usually vertical types, are submerged in th
suction supply. Vertical pumps are therefore called eithgrpit or
wet-pit types. If the wet-pit pumps are axial-flow, mixed-flow, or vert

eipellers are also classified with reference to their profile and to their
head-capacity characteristics at a given speed. This last relationship will
- be described later, in the discussionspdcific speed.

cal-turbine types, the liquid is discharged up through the supportjng Many impellers are designed for specific applications. Special non-

drop or column pipe to a discharge point either above or below
supporting floor. These pumps are consequently designateisbes
ground dischar ge or below-ground discharge units.

Casings

The pressure acting on the impeller in a single-volute pump-cag
design is nearly uniform when the pump is operated at or near its de
capacity. At other capacities, the pressures around the impeller arg
uniform, causing a radial reaction (or radial thrust) which can subst
tially increase the pump-shaft deflection. When it becomes impract
to counteract this radial thrust through the use of a heavier shaft
heavier bearings, double- or twin-volute design [FIg.T4.25) may be|
used.

End-suction single-stage pumps are made of one-piece solid cas|
At least one side of the casing must have an opening with a cover so
the impeller can be assembled in the pump. If the cover is on the sug
side, it becomes the casing sidewall and contains the suction ope
[E1gTZ2P). This is called thection cover or casing suction head. Other
designs are made with stuffing-box coVers{FIg. 1#.2.6), and still oth
have both casing suction covers and stuffing-box collers (Figs 14
and 14.2.6).

In the inexpensive open-impeller pump, the impeller rotates witl
close clearance of the pump cading (F1g. I#.2.6). If the intended ser
is more severe, a side plate is mounted within the casing to provid
renewable close-clearance guide to the liquid flowing through the o
impeller.

The discharge nozzle of end-suction single-stage horizontal pumgsis -

usually in a top-vertical positiob(Elg-14.2.2). However, other noz3
positions may be obtained, such as top-horizontal, bottom-horizonta
bottom-vertical discharge. Practically all double-suction axially sq
casing pumps have a side-discharge nozzle and either a side- or g
tom-suction nozzle. Single-stage bottom-suction pumps are rarely nj
in sizes below 10 in discharge-nozzle diameter.

Both axially split[EIg—TZ2B) and radially splE{Eig-T42.9) casing

heclogging impellers with blunt edges and large waterways are used for
sewage which ordinarily contains rags or stringy material. Impellers
designed for handling paper-pulp stock are fully open and nonclogging
and have screw conveyor vanes which project into the suction nozzle.
Wearing rings provide an easily and economically renewable leakage
ngoint between the impeller and casing. A leakage joint without renew-
igable parts is used only in very small, inexpensive pumps. The stationary
ndtng is called (1)casing ring if mounted in the casing, (Zuction-cover
hn+ing or suction-head ring if mounted in a suction cover or head, and (3)
caktuffing-box cover ring if mounted in the stuffing-box cover. A renewable
hngpart for the impeller wearing surface is called thgeller ring. Pumps
with both stationary and rotating rings are said to haatble-ring con-
struction.
ngs. There are various types of wearing-ring designs, and selection of the
thamost desirable type depends on the liquid being handled, the pressure
tiodifferential across the leakage joint, the surface speed, and the particular
hingump design. In general, centrifugal-pump designers use the ring con-
struction they have found suitable for each particular pump service. The
lergnost common ring constructions are thee typel[EIg. I2.ZP) and the

2.%ype[EIGS.TAZN and 14.2.7).
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le Fig. 14.2.7  End-suction pump with removable suction and stuffing-box heads.
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it Axial Thrust in Single-Stage

bcﬁod Multistage Pumps

adéxial hydraulic thrust is the summation of unbalanced impeller forces
acting in the axial direction. Theoretically, a double-suction impeller is

s in hydraulic balance, with the pressures on one side equal to and coun-

are used for multistage pumps. The choice between the two desigis terbalancing the pressures on the other. In practice, some slight unbal-

Removable
stuffing-box head

ance may exist, and even double-suction pumps are provided with thrust
bearings.

The single-suction radial-flow impeller is subject to axial thrust be-
cause a portion of the front wall is exposed to suction pressure, with a
greater back-wall surface subject to discharge pressure. In addition, an
overhung single-suction impeller with a single stuffing box is subject to
an axial force equivalent to the product of the shaft area through the
stuffing box and the difference between suction and atmospheric pres-
sure. This force acts toward the impeller suction when the suction pres-
sure is less than the atmospheric and in the opposite direction when it is
higher than the atmospheric.

To eliminate the axial thrust of a single-suction impeller, a pump can
be provided with both front and back wearing rings{F1gs. 13.2.2 and
14.2.5). Pressure approximately equal to the suction pressure is main-
tained in a chamber located on the inner side of the back wearing ring by
providing so-calletbalancing holes through the impeller. Leakage past
the back wearing ring is returned into the suction area through these
holes. In large pumps, a piped connection usually replaces the balancing

Fig. 14.2.6 End-suction pump with removable stuffing-box head.

holes.
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Most multistage pumps are built with single-suction impellers. T
balance the axial thrust of these impellers, two arrangements are y
(1) The impellers all face in the same direction and are mounted in
ascending order of the stages. The axial thrust is balanced by a hydr,
balancing devicETFIgS.IZP.8 and 14.2.9). (2) An even numbe
single-suction impellers is used, one half of these facing in a direct]
opposite to the second Half{EIg-12]12.10). This mounting of single-s
tion impellers back to back is frequently calleghosed impellers.

Fig. 14.2.8 Multistage pump with single-suction impellers facing in one dire
tion and with hydraulic balancing device.
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Fig. 14.2.10 Four-stage pump with opposed impellers.

Hydraulic balancing devices may take the form of (1) Balancing drum,
(2) abalancing disk, or (3) a combination of these two. Thelancing
drum is illustrated ilTEIg-1Z-211. The balancing chamber at the back

0 drum head, which is fixed to the pump casing. The balancing chamber is
sedonnected either to the pump suction or to the vessel from which the
theoump takes its suction. The forces acting on the balancing drum are (1)
ultoward the discharge end—the discharge pressure multiplied by the
offront balancing area (are®) of the drum; (2) toward the suction end—
onthe back pressure in the balancing chamber multiplied by the back bal-
Licancing area (are€) of the drum. The first force is greater than the
second, thereby counterbalancing the axial thrust exerted upon the sin-
gle-suction impellers. The drum diameter can be selected to balance the
axial thrust completely or to balance 90 to 95 percent of this thrust,
depending on whether a slight thrust load in a specific direction on the
thrust bearing is desirable.
The operation of the simplealancing disk is illustrated ifED.
[TZZTP. The rotating disk is separated from the balancing-disk head by
a small axial clearance. The leakage through this clearance flows into
the balancing chamber and from there either to the pump suction or to
the suction vessel. The back of the balancing disk is subject to the
balancing-chamber back pressure, whereas the disk face experiences a
- range of pressures. These vary from discharge pressure at its smallest
diameter to back pressure at its periphery. The inner and outer disk
diameters are chosen so that the difference between the total force act-

Restricting orifice

To sucfion\x}qﬂ}___ﬁ Balancing chamber

Balancing disk head
7

Axial

. clearance
Discharge

pressure
Back
pressure

7
.l —

Fig. 14.2.12 Simple balancing disk.

ing on the disk face and that acting on its back will balance the impeller
axial thrust. If the axial thrust of the impellers should exceed the thrust
acting on the disk during operation, the latter is moved toward the disk
head, reducing the axial clearance. The amount of leakage through this
clearance is reduced so that the friction losses in the leakage return line
are also reduced, lowering the back pressure in the balancing chamber.
ofThis automatically increases the pressure difference acting on the disk

the last-stage impeller is separated from the pump interior by a djun@ind moves it away from the disk head, increasing the clearance. Now

mounted on the shaft. The drum is separated by a small radial clear.
from the stationary portion of the balancing device, calledstancing

Balancing chamber To pump suction

\

Area B /Boluncmg drumJ Area C

hndbe pressure builds up in the balancing chamber, and the disk is again
moved toward the disk head until an equilibrium is reached. To ensure

proper balancing-disk operation, the change in back pressure must be of
an appreciable magnitude. This is accomplished by introducing a re-

stricting orifice in the leakage return line.

The combination disk and drum (EIg—IZ29) is the most commonly
used hydraulic balancing device. Itincorporates portions rotating within
radial clearances of stationary portions and a disk face rotating within
an axial clearance of another portion of the stationary part. The radial
clearance remains constant regardless of any axial displacement of the
rotor within the casing. Such displacement, however, changes the axial
clearance within the balancing device. These changes cause changes in
the leakage, which in turn change the pressure drop across the radial
clearances and thus increase or decrease the average value of the pres-
sure acting on the disk face. These changes in the intermediate pressure
on the disk face act to move the balancing device in whichever direction
is required to restore equilibrium and axial balance.

Shafts and Shaft Sleeves
Pump-shaft diameters are usually larger than actually needed to transmit

Fio. 14.2.11 Balancina drum.

the toraue because their size is dictated bv the maximum permissible or
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desirable shaft deflection. This deflection is itself chosen to prevenpractical to use conventional packing with radial sealing surfaces. The
possible contact at the wearing surfaces while maintaining reasonpblsealing surfaces of a mechanical seal are located in a plane perpendicu-
clearances that will not affect pump efficiency too unfavorably. The lar to the pump shaft and consist of two highly polished surfaces run-

first critical speed of a shatft is related to its deflection. It follows that
shaft design permitting a deflection of, for instance, 0.005 to 0.00
(0.13to0 0.15 mm) will have a first critical speed of 2,400 to 2,650 r/m
This is the reason for using rigid shafts (operating below their fi
critical speed) for pumps that operate at 1,750 r/min or lower. Mu
stage pumps operating at 3,600 r/min or higher use shafts of e
stiffness (for the same purpose of avoiding wearing-ring contact). H
ever, their corresponding critical speed is about 25 to 40 percent
than their operating speed. This margin is sufficient to avoid any da
to the operation caused by critical-speed effect.

Pump shafts are usually protected from erosion, corrosion, and
at the stuffing boxes and leakage joints and in the waterways by re
ablesleeves. The most common shaft-sleeve function is that of prote
ing the shaft from wear at a stuffing box. Shaft sleeves serving o
functions are given specific names to indicate their purpose. For ex

aninterstage or distance sleeve.

Stuffing Boxes

Stuffing boxes have the primary function of protecting the pump agai
leakage at the point where the shaft passes out through the pump c
If the pump handles a suction lift and the pressure at the interior st
ing-box end is below atmospheric, the stuffing-box function is to p
vent air leakage into the pump. If this pressure is above atmospheric
function is to prevent liquid leakage out of the pump. The stuffing b
takes the form of a cylindrical recess that accommodates a numb
rings of packing around the shaft or shaft sleeve. If sealing the box
desired, aantern ring or seal cage is used to separate the rings of packi
into approximately equal sections. The packing is compressed to
the desired fit on the shaft or sleeve by a gland that can be adjusted
axial direction.

Water or some other sealing fluid can be introduced under pres
into the space provided by the seal cage, causing flow of sealing flui
both axial directions. This is useful for pumps handling flammable
chemically active and dangerous liquids since it prevents outflow of
pumped liquid.

When a pump handles clean, cool water, stuffing-box seals are
ally connected to the pump discharge or, in multistage pumps, to
intermediate stage. Aindependent supply of sealing water should be pro-
vided if any of the following conditions exist: (1) a suction lift in exceq
of 15 ft (4.5 m); (2) a discharge pressure under 10 ffin7 kg/cn?);
(3) hot water handled without adequate cooling (except for boiler fe
pumps, in which seal cages are not used); (4) muddy, sandy, or g
water handled; (5) for all hot-well pumps; (6) no leakage to atmosph
permitted of the liquid handled. When sealing water is taken from
pump discharge, an external connection is generally made to the
cage through small-diameter piping(Fig-14.2.1), or an internal-pasq
connection is made within the pump its€f{Fig. 1212.2).

High temperatures or pressures complicate the problem of maint
ing stuffing-box packing. Pumps in these more difficult services 3
usually provided with jacketedyater-cooled stuffing boxes. If the pres-

ning adjacently, one surface being connected to the shaft and the other
into the stationary portion of the pump. These surfaces are held essentially
n. in contact by a spring, the axial clearance between the surfaces being
stprovided by a thin film of liquid. The flow of liquid may be only a drop
i- every few minutes or even a haze of escaping vapor.
ual There are two basic seal arrangements: (1) internal assembly and
w-(2) external assembly. Two mechanical seals may be mounted inside a
esstuffing box to make alouble seal assembly [EIQ- TZ-ZT3.). Such an
gearrangement is used for pumps handling toxic or highly inflammable
liquids. A clear, filtered, and generally inert sealing liquid is injected
edpetween two seals at a pressure slightly in excess of the pressure in the
wpump ahead of the seal.
t-
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_vgig. 14.2.13 Single-stage end-suction pump with double mechanical seal.
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n
Mechanical seals can reduce the escape of toxic or flammable liquids
ureery effectively, but lately we have seen constantly more stringent reg-

H ivlations by both federal and local authorities. This has led to a greater

oruse of hermetic, or so-callegealless pumps. Two solutions have
heemerged to meet this requirement. The first is the canned-motor pump
in which a portion of the pumped liquid is permitted to flow into the
synotor. The liquid is isolated from contact with the windings, insulation,
arand cores of rotor and stator by metal “cans.” The second solution is
the use of magnetic couplings. These consist of two sets of magnets, the
s outer (or driver) magnets, and the inner (or driven) magnets. A motor is
connected to the outer portion of the coupling and the pump impeller is
edconnected to the inner portion. A containment shell separates the two
ittynagnets and hermetically seals the pump proper. This latter solution is
brdinding preference because it permits the use of standard motors, mak-
heing pumps more readily maintainable in the field, while canned-motor
seRUMps usually have to be returned to the manufacturer’s plant for re-
agbuilding.
For some power-plant servicesnpdensate-injection sealing is superior
binto either conventional packing or mechanical seals. A labyrinth break-
redown bushing is substituted for the conventional packing, and the
pump-shaft sleeve runs within this bushing with a small radial clear-

sure ahead of the stuffing box makes it impractical to pack the stuffjng2nce. Cold condensate at a pressure in excess of the internal pump

box satisfactorily, a pressure-reducing breakdowteigyrinth may be
located ahead of the box, with the leakage past the pressure-redy

pressure is introduced centrally in this breakdown busRIng{FIg.14.2.9).
cin‘b small portion of the injection water flows inwardly into the pump

breakdown being returned to some point of lower pressure in the pumpproper; the remainder flows out into a CO”eCting chamber vented to the

ing cycle.

Basically,stuffing-box packing is a pressure-breakdown device that
sufficiently plastic to be adjusted for proper operation. The most cd
mon types are asbestos packing and metallic packing, the latter b
composed of flexible metallic strands or foil with graphite or oil lubr|
cant and with either an asbestos or a plastic core. Other types of pag
used may be hemp, cord, braided, duck fabric, chevron, etc. Packi
supplied either in continuous coils of square cross section or in
formed, die-molded rings.

atmosphere and is piped back to the condenser.
S .
m_Bearlngs
bin(ee also Sec. 8.)
- Alltypes ofbearings are used in centrifugal pumps. Even the same basic
kindesign of pump is often made with two or more different bearings,
g ilequired by varying service conditions. Two external bearings are usu-
really used for the double-suction single-stage general-service pump, one
on either side of the casing. In horizontal pumps with bearings on each

Mechanical seals are used in centrifuaal oumos when it becomes i

h- end. theinboard bearina is the one between the casina and the counlina
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and theoutboard bearing is located at the opposite end. Pumps wit
overhung impellers have both bearings on the same side of the ca
the bearing nearest the impeller is the inboard bearing, and the
farthest away the outboard bearing.

Ball bearings are the most common antifriction bearings used on cgn

trifugal pumps. Roller bearings are used less often, although the sph
cal roller bearing is used frequently for large shaft sizes. Ball beari
used in centrifugal pumps are usually grease-lubricated, although s
services use oil lubrication.

il
&
i
Il
|

[arin=~acin]

Fig. 14.2.14 Close-coupled (motor-mounted) pump.

Sleeve bearings are used for large, heavy-duty pumps with shaft dian
eters of such proportions that the necessary antifriction bearings arg
commonly available. Another application is for high-pressure mul
stage pumps operating at speeds of 3,600 to 9,000 r/min. Still ano

application is in vertical submerged pumps, such as vertical turbjne

pumps, in which the bearings are subject to a water contact. Most slé
bearings are oil-lubricated.

Thrust bearings used in combination with sleeve bearings are gen
ally Kingsbury or Kingsbury-type bearings.

Couplings
Centrifugal pumps are connected to their drivers throemiplings of

one sort or another, except for close-coupled Unis (Eig14.2.14)| i

which the impeller is mounted on an extension of the shaft of the driy
Couplings used with centrifugal pumps can be either rigid (of the cla
or compressor type) dtexible (pin-and-buffer, gear, grid, or flexible-
disk type). (See also Sec. 8.)

|
[ ]

¥

h Pump Mounting

"% is desirable that pumps and their drivers be removable from their
ONfountings. Consequently, they are usually bolted and doweled to ma-
chined surfaces that, in turn, are firmly connected to the foundations.
° These machined surfaces are usually part
erl- of a commorbedplate on which the pump

gs and its driver have been prealigned. Bed-
pme plates are made of either cast iron or
structural steel. Cast-iron or steslle-
plates are customarily used for vertical

‘ dry-pit pumps and also for some of the

:I J: larger horizontal units.

Vertical Pumps

: > Dry-pit pumps with external bearings in-
‘ clude most sewage pumps, most medium
and large drainage and irrigation pumps
for medium and high head, many large
condenser-circulating and water-supply
pumps, and many marine pumps. Some
vertical dry-pit pumps are basically hori-
zontal designs with minor modifications
I' to adapt them for vertical-shaft drive.
Other applications, such as small- and
— medium-sized sewage pumps, employ a
- purely vertical design. Most of these
not sewage pumps have elbow suction noz-
i y
i R zlesm& containing a hand-
her .- hole to provide easy access to the im-
peller. Although the driving motors are
frequently mounted right on top of the
pump casing, the use of vertical-shaft de-
sign permits mounting the motor at an
elevation sulfficiently above the pump to
prevent accidental flooding. For such ap-
plications, the pump and its driver are
separated by a length of shafting, which
may require steady bearings between the

eve

br-
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- 3 N\ two units.
np o~ '{J‘ Vertical wet-pit centrifugal pumpscan be
1% classified as (1) vertical turbine pumps,
' ‘ (2) propeller or modified propeller
: pumps, (3) sewage pumps, (4) volute
pumps, and (5) sump pumps. The first of
these is the most common typeertical
P:] turbine pumps [EIg—TZ2T8) are built
E with either closed or semiopen impellers
S and with either enclosed or open line
shafting. The bowl assembly consists of
] the suction head, the impeller or im-
2 pellers, the discharge bowl, the interme-
Fig. 14.2.16 Vertical diate bowl or bowls, the discharge case,

turbine pump with closed the various bearings, the shaft, and mis-
impellers and oil-lubricated  cellaneous parts such as keys and im-
enclosed shafting. peller locking devices. The column-pipe

assembly consists of the column pipe it-
self, the shafting above the bowl assembly, the shaft bearings, and the
cover pipe or bearing retainers. The pump is suspended from the driving
head, which consists of the discharge elbow, the motor or driver sup-
port, and either the stuffing box (in open-shaft construction) or the
assembly for providing tension on and the introduction of lubricant to
the cover pipe.

MATERIALS OF CONSTRUCTION

Centrifugal pumps can be fabricated of almost any of the known com-
mon metals or metal alloys, as well as of porcelain, glass, and even

Fio. 14.2.15 Small vertical sewaae pump with intermediate shaftina.

svnthetics. A listina of materials commonlv recommended for various



Table 14.2.2 Materials for Various Fittings
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(Materials for bearing housings, bearings, and other parts are not usually affected by the liquid

handled)
Part Standard fitting All-iron fitting All-bronze fitting
Casing Cast iron Cast iron Bronze
Suction head Cast iron Cast iron Bronze
Impeller Bronze Cast iron Bronze
Impeller ring Bronze Cast iron or steel Bronze
Casing ring Bronze Cast iron Bronze
Diffuser Cast iron or bronze Cast iron Bronze
Stage piece Cast iron or bronze Cast iron Bronze
Shaft, with sleeve Steel Steel Steel, bronze, or Monel
Without sleeve Stainless steel or steel Stainless steel or steel Bronze or Monel
Shaft sleeve Bronze Steel or stainless steel Bronze
Gland Bronze Cast iron Bronze

liguids can be found in the Standards of the Hydraulic Instifufe_Tap!
[IZZ2 indicates the materials most commonly used for various pu

parts.

PUMP PERFORMANCE

The performance of a centrifugal pump is generally described in tefms L5

of the following of its characterigtics: (1) rate of flow, orcapacity Q,
expressed in units of volume per unit of time, most frequentis ft
gal/min, or n#/h (1 ft¥/s = 449 gal/min; 1 i/ h = 4.403 gal/min); (2)
increase of energy content in the fluid pumpedyear H, expressed in
units of energy per unit of mass, usuallylfi/Ib or, more simply, ft, or
m; (3) inputpower P, expressed in units of work per unit of time, bhg;
(4) efficiency m, the ratio of useful work performed to power input, (5
rotative speed N, in r/min.

Since the parameters indicated are all mutually interdependent,
customary to represent the performance of a centrifugal pump by mée
of characteristic curves similar to that shown iitFIg— 1421 7. While it i
possible, within certain limits, for the pump designer to regulate

shape of these curves to suit the needs of a particular application, tHi

essentially a function of design capacity, head, and speed and hend
T l Head
O
fd
S =
2
32¢
SC &
-
285 Capacity ——e

Fig. 14.2.17 Typical characteristic curves at constant speed.

a standard production unit is determined by experiment and is not 9
ject to modification. For any given capacity on such a characteri
curve, the relationship between performance characteristics is
pressed by the equation = yQH/3,96(P, wheren is efficiency ex-
pressed as a decimal,is the specific gravity of the fluid pumpe@,is
in gal/min,H in ft, andP in bhp. In metric unitsy = yQH/270P, where
Qs in m¥h andH in meters.

Inasmuch as the actual performance of centrifugal pumps is de
mined largely by experimental means, it is highly desirable to be abl
use the results of past tests as a basis for predicting the performan
future designs. To this end, an interesting and widely used characte
number known aspecific speed, Ng = N VQ/H34, has been developed. I1]
this expression, values &, Q, andH are all for the point of best
efficiency. While not dimensionlesl, is generally expressed simply a;
a number since its practical application is such that units are of
consequence except for their influence on the absolute magnitude o
number itself. Specific speed is of interest to both the pump desig
and the pump user essentially in two ways: (1) All geometrically simi

pumps, regardless of their size, will have identical specific speeds (but

leall pumps of the same specific speed will not necessarily be geometri-

mally similar). (2) Within reasonable limits, pump geometry and per-

formance can be predicted as a functioNgndQ. ForN in r/min, Q
in gal/min, andH in ft, the practical range dfi; is approximately 500 to
15,000. In metric unit§ is in m¥/s andH is in meters, so that this range

1 1 1 i 1 1 I
< o) o o) o o)
Qo (o) 8 Q
5 1 s & & & 3 3
- V) ) T w0 Q '}
Values of specific speed (U.S.) Nf% “’sg-PM'
ft
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é@a&y

entrifugal

he Fig. 14.2.18 Approximate relative impeller shapes versus specific speed.

S E comes approximately 10 to 3084, = N,/51.66) The shape of the

e fOF

profiles for impellers varies over the range of specific speeds, as shown
inN[EID—TZ218. The commercially attainable efficiencies also vary with
the specific speel (Fig—142.19). It must be remembered that these
efficiencies are attainable at the capacity at best efficiency. The actual
specified capacity may differ from this best-efficiency flow. In addition,
the general shape of the pump-characteristic curves will vary widely
from one end of this range to the other, as illustratedhy Figs.14.2.24 and
14.2.25.

Pump Theory

The basic purpose of a centrifugal pump in any fluid-handling system is
u to add energy to the fluid, and since it is a dynamic machine, the pump
i depends entirely on changes in velocity relationships to provide the
ic ; . hegagd
exenergy. Whlle_ the measurable _ewdence of energy addmon is in most
cases largely in the form of static pressure, this is partially the result of

velocity reductions and constraints occurring in the diffuser or casing
and to this extent represents a conversion from the velocity energy
produced by the impeller. Thus, any discussion of centrifugal-pump
tert_he_ory gt_angrally becomes a discussion of velocities occurring at various
tcpomts within the_pump. ' _ o .
e OfThe true velocity relatlons_hlps existing Wlthln a pump are t_extre_mely
Sti omplex and, to a substantial degree, still unknown in their ultimate
etail; but for practical purposes, a one-dimensional analysis serves to
illustrate the basic concepts and, indeed, has served as the basis of
design for virtually all centrifugal pumps ever built.
o For radial and mixed-flow impellers (500= Ng =< 7,500 or 10= Ny, =

150) the velocities at the inlet and outlet of the impeller are shown by
e%e vector diagrams [0 Eig. 1Z.2.20. The head produced by such an

r|mpe||er is represented by
H = ny(UVi, — UViy)ig

n
f t
n

(14.2.1)
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whereH = head, ft (m);U = circumferential velocity of impeller at
radius being considered, ft/s (m/§), = average value of the circum-
ferential component of absolute fluid velocity, ft/s (m/s), and=g
32.174 ft/8 (9.80 m/3). Subscript 1 refers to the impeller inlet sectiorn
and subscript 2 to the impeller discharge section. The coeffigigim
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Fig. 14.2.19 Efficiencies of single-stage end-suction and double-suction c
trifugal pumps (solid lines) and wet pit pumps (dashed lines).

the hydraulic efficiency of the rotating-vane system and, for the rang
specific speeds indicated above, will generally fall between 0.85
0.95. This hydraulic efficiency is considerably higher than pump e

packing friction, volumetric losses due to internal wearing-ring cle
ances, impeller-disk friction, or fluid-friction losses due to veloci
conversion or boundary-layer considerations ahead of or following
impeller. For pumps in this specific-speed range, the hydraulic log
1 — ny will generally be between one-quarter and three-quarters of t
pump losses I 7.

Direction of
vane

X . .
Vua Direction of
vane

Fig. 14.2.20 Velocity diagram of a radial-flow impeller.

For pumps arranged with an axial inlet to the impeller (such as t

fi
ciency 7 since it does not include mechanical losses due to bearing o

y

se

hat

have no rotational component, anf}, is therefore zero. Equation
14.2.1 can thus be reduced to

H = n,UV,0/g (14.2.2)

In practice, Eq. (14.2.2) will provide a close approximation to total head
for any pump up to a specific speed of 2,00Q,{ ~ 40) since the term
U,V in Eq. (14.2.1) is very small compared withV,,.

It should also be noteddIEig—12=2120 that the relative velogjty
does not coincide in direction with the vane angle at the impeller dis-
charge. The angular difference betwegrand the direction of the vane
is due to the irrotational nature of the flow between the vanes. The ef-
fect of this difference can be taken into account as the vector difference
V,o* — Vi, = Na/229, whera is the shortest distance in inches taken in
the radial plane between the discharge tip of any vane and the upper
surface of the following vane\(,* — V,, = Na/19,100, whera is in
mm and velocities are in m/s.)

The foregoing relationships provide the basis for determining im-
peller diameters and vane angles required to produce a given total head
requirement at a specified rotative speed. It is equally necessary, of
course, to provide in the design for handling a specified flow volume,
and this is readily accomplished by providing the necessary cross-sec-
tional areaA between vanes to pass the required flow at velocities
previously determined. A useful relationship for this purpose, in light of
the units commonly employed in pump desigmis= AV/0.321, where
Qisingal/minVin ft/s, andAin in? (Q = AV/278, where) is in m?/ h,

Vin m/s, andA in mn?).

Upon leaving the impeller, the liquid pumped enters either (1) a
system of diffusing vanes surrounded by an outer casing or (2) directly
into a casing designed to contain the fluid and control its velocities.
Where diffusing vanes are used, they are designed on the basis of veloc-
ity relationships very similar to those employed in impeller design but
with the objective being to slow the fluid down to convert velocity
energy to pressure energy and, further, to reduce frictional losses in the
discharge system following the diffuser. Where the impeller discharges
directly into the casing, this component of the machine is most fre-
quently designed in the form of a volute to provide constant velocity all
around the impeller periphery up to the point of entry into the discharge
nozzle. From this point, commonly called tbasing throat, to the dis-
charge flange or to the inlet of a succeeding stage, the velocity is gradu-

“ally reduced. Special circumstances related to pump design or applica-
tion often result in modifications to the constant-velocity design of such
casing, and variations may be found covering the entire range from

0(Eonstant velocity to constant area. In addition, many casings are now
. designed with one or more spiral vanes placed in such a way as to
“approximate a condition of geometric similarity in relation to the im-
eller, which is advantageous when a pump is operated at capacities
" other than those for which it is designed. A casing of this nature repre-
sents an effort by the designer to obtain an optimum balance between
Sthe desirable geometric similarity of the diffuser discharge and the

anufacturing simplicity and generally high efficiency of the volute-
ype casing. The most common form of such a casing is the twin-volute
type discussed under Nomenclature and Mechanical Desigh {sée Fig.
221 an@ TaRE T2 2 1).
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Zero lift line

shown ilEig_TZ2T5), it is generally assumed that the entering flow

illFig. 14.2.21 Velocity diagram of an axial-flow vane system.



For axial-flow impellers (7,500= Ng =< 15,000 or 150= Ny, = 300)
velocity relationships can be approximated in a manner similar to |
used for lower-specific-speed pumps, but refinement of these appf]
mations is approached in a somewhat different manner, largely beci
of the considerable body of knowledge available in the form of airf
data which can be applied. Velocity diagrams for pumps of this type
shown i EIGTZZ21.

Considering a cylindrical stream tube intersecting the vanes of
axial-flow impeller, we can rewrite Eq. (14.2.1) in the form

H = 54U AV,/g (14.2.3)

where AV, represents the increase in the tangential component of
absolute velocity as the fluid passes through the impeller. For pump
this specific-speed range,; will generally fall between 0.80 and 0.9Q
and 1— 7y will generally be between one-half and three-quarters
1-—m

As in the case of radial-flow impellers, the relative veloaiyat the
impeller exit does not coincide with the vane angle. In this case,
necessary correction can be applied by means of the expression

AV, = 2A VH[(t)@lwK)(Usin B) + 1] (14.2.4)

wheret is vane spacind,is vane lengthg is the discharge vane angle
andK is the coefficient determined frdm Fig. 142122, which provid
for the fact that the impeller blades are, in effect, arranged in a conti
ous lattice.
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Fig. 14.2.22 Lattice-effect coefficient{\Weinig.)

In the design of axial-flow pumps, it is generally assumed that
head developed by the blade elements within all the cylindrical strg
tubes between the impeller hub and its outer diameter will be the s&
For this condition to be achieved, it will be evident from Eq. (14.2.
that sinceU will vary directly with the radiusAV,, must vary inversely
with the radius. Thus vane camber (or curvature) will be greater near
hub than at the periphery. It is further generally assumed that the g
velocity is constant throughout the impeller, and to satisfy this con
tion, the blade angles will be greater at the hub than at the periph
giving rise to the twist of the vane.

By designing the vane element at the hub, the periphery, and
reasonable number of radial stations between, it is possible to defing
vane over its entire surface to produce the total head desired. The d¢g
capacity can be simply established from the constant axial velocity
the annular area between the hub and the periphery.

Axial-flow impellers will almost invariably discharge into a vane
diffuser designed primarily to convert into pressure the tangential cd
ponent of the absolute velocity leaving the impeller, thus producin
uniform, nonrotating velocity profile at the pump discharge or at t
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Pump Application

Pl applying any centrifugal pump to a practical fluid-handling system,

PXthe engineer generally has two variables in the pump which may be used

PUSB effect a match between it and the system, namely, speed of operation

il and impeller diameter. (In axial-flow pumps, impeller diameter cannot

Rl€onveniently be changed, but similar results can be accomplished
within a limited range by reducing vane length.) To take advantage of

@Mhese variables, it is necessary to understand the similarity relationships
which govern pump behavior.

The effect of change in speed can be most readily explained by refer-
ring back to Eq. (14.2.1). For a fixed impeller diameter, it will immedi-
th_%tely be evident that any increase in rotative speed will result in a

S Wjirectly proportional increase in the peripheral velocities of the impeller

at both inlet and outlet), andU,, respectively. Furthermore, since the

Ol directions of both the relative and absolute velocitiemdV, respec-
tively, are controlled by the vane angles, it follows that both the inlet
and outlet velocity diagrams remain geometrically similar, in other

h‘%/vords, as pump speed changes, all fluid velocities change in direct
proportion. Thus the effect of a speed change on pump capacity can be
represented for two speeds, andN, by

Q/Qz = NN,

S Referring again to Eq. (14.2.1), it will be evident that the change in head
hu- : ) Lo
will be proportional to the square of the change in speed, resulting in

H,/H, = N2/N3
Also, sinceP is proportional toQH, then
P./P, = Q,Hy/Q;H, = NI/N3

The effect of a reduction in impeller diameter is for practical purposes,
identical to that of a reduction in speed, and the above equations can all
be rewritten in the same form, substitutibg andD, for N, andN,. In

this case, however, there is somewhat less latitude for change, the prac-
tical limit for cut-down being approximately 25 to 30 percentin the case
of low-specific-speed impellers and decreasing from this value as spe-
cific speed increases.

From the foregoing it should be noted that running a pump at speeds
far below its normal rated speed would be uneconomical since the pump
would obviously be overdesigned for the service. Conversely, the same
pump could not be run at speeds far above its rating since it would soon
exceed its horsepower capability. Thus the normal approach to pump
application calls for selection of a unit which will meet the system
requirements at or near the pump’s maximum rated speed and prefera-
bly as close to maximum impeller diameter as possible.

A further aspect of the similarity laws, of interest primarily to pump
designers, is the matter of geometrically similar pumps, or as they are
commonly calledfactors of each other. Assuming two such pumps with
hea size ratid,/f,, thenat the same rotative speed H,/H, = f%/f3, which is
anthe same as for a change in speed of the same ratio. In the case of
Imecapacity, however, we have, in addition to the linear increase due to
B) velocity change, a further increase due to the change in the cross-sec-

tional area of all fluid channels which is proportional to the square of the
theize factor, resulting in the relationship,Q, = f$/f3. The ratio of
kianorsepower requirements therefore becorgR, = f$/f3.

Hi- Lines of geometrically similar pumps are more frequently designed,
bryilowever, for constant head than for constant speed, and to have this
condition apply for the size ratio indicated in the preceding paragraph, it
hnys necessary that the speeds vary in exact inverse proportion to size
thi@tio. Thus for constant head, N,/N, = f,/f, and

sign

> Hi/H, = 1 = (1/R2N/Ny)?
Q/Qz = (f/f)P(NL/Ny) = (/)2
PPy = (H/H)(QJ/Q,) = (f/f)?

)
m- To simplify selection of pumps, it is customary to plot, for any given

) aspeed, performance curves to show pump characteristics over the avail-
he able range of impeller diameters rather than at the single diameter which

entrance to any succeeding stage.

would be implicit in a curve of the type shownInEig T4 2.17. A typical
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rating curve of this nature is shown[In FIg. T4 2]123. Such rating curyes 2280
will vary widely in their nature with changes X, and an understand-| §
ing of these variations is essential to the selection of properly sized £ sa0l
pump drivers and, in many cases, proper design of discharge piging £ Head-capacity .
and/or the determination of limiting ranges of pump operation. Sojne ézoo N IOO“g’
: 2
Capacity, m3/hr 5 | Efficency <
5 160 180 E
8 E
o 120 {60 8
g BHP E
ko) [=]
250 g 8o 440 €
< 3]
s &
- € 401 120
l;:;_’-ZOO ]
3 ] . . L . . 0
2 & 05—26 40 80 80 100 120
° 150 Per cent of capacity ot maximum efficiency
2 Fig. 14.2.25 Type characteristics foNs = 10,000 single-suction impeller
8 =
100 . . . % (N = 194).
20 25 30 35 40 45

Capacity,100 gpm
Fig. 14.2.23 Rating curve of 10-in double-suction single-stage pump.

idea of the diversity of characteristics which is available can be obtai ed

by a comparison betw@en Figs. TZ4.P.24 and 14.2.25, both of which
plotted entirely in percentages of design values occurring at the poin
best efficiency.

70 percent, it would now deliver 712.5 gal/min (161.8/h) at 92-ft
28.0-m), head with an efficiency of 44.5 percent.

are

t of
0necessary that the absolute pressure (including velocity Meé2h)) of

reduced to 63.5 percent of its efficiency on water over its reduced ca-
pacity range. Thus, if the pump had a rated efficiency on cold water of

In order for a pump to deliver its rated output, it is obviously neces-
ary that it be supplied with fluid at its inlet at the same rate. It is further

In the case of the lower-specific-speed pump shoRIAFIGT3.2.2}, z;he fluid at the inlet exceed the vapor pressure by an amount sufficient

Capacity, m3/hr

T T T T T
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23 =
° 2100t . 2 ok i
> Efficiency T °F i -06xQwn
ce F ! -0.8xQn
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TE BHP £ e0f i -1.2xQwn
@ g S F :
Bz 60 . < aa ;
£ E F= e !
5% g & 8ot !
b3 40+ 7 g @ E )
S0 L £ !
£e S 60F :
a 20 1 € ; i
5 aof :
O 1 1 1 1 1 8 E !
0 20 40 60 80 100 120 3 E '
P t ty at ff F !
ercent of capacity at maximum efficiency 20, o s ® “% % % %% Centistokes 3
Fig. 14.2.24 Type characteristics foN; = 1,550 single-suction impeller QR ¥ ] Qg e 63 S
(Ngy, = 30). ! 122 2
1 6 £
b 30 £
driving motor selected for the rated condition would be more than afle- i X 12 €
quate at lower capacities, and discharge piping vyould be subjected to 6?‘ 6 3
only modest overpressures. On the other hand, if the pump showp in /‘;"‘ I
Fig. 14.2.25 is to be operated at reduced capacities, then both motorfsize 3 6’1&"’
and discharge piping must be designed for the minimum flows to|be £ G"'%’
encountered. % é"“i’
Selection of drivers, as well as pumps, is also influencegt tyerties ¥ 600 6"
of the fluid handled. Pump horsepower varies directly with the specific = ‘;88 S :
gravity of the liquid and is influenced in a more complex manner py 2 100 4
viscosity. The effect of the latter is illustratedIn F1g. 12:2.26. For the T ;«8 \ )
example shown on the chart, the pump in question is rated for 150 Viscosity-ssu B B18, B B % B o
gal/min (170 ni/h) at 100-ft (30-m) head. When handling a fluid hay- . L L 2?2 ©0 0. 9
ing a viscosity of 1,000 SSU (220 c¢S), its capacity is reduced to [95 ! 2 4 & 810 20 40 60 80100

percent of that on water over its complete range of operation. Its heg
reduced to 96, 94, 92, and 89 percent of its head on cold water at 60

dis

100, and 120 percent of these reduced capacities, and its efficien

y istitute.)

Capacity, 100 gpm

8@iig. 14.2.26 Performance-correction chart for effect of viscositylydraulic
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NPSHA vs. capacity for
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Fig. 14.2.27 Recommended maximum operating speeds for double-suction pdrhyplsaulic Institute Sandards.)

to overcome (1) any entrance or frictional losses between the poink ofo the life of the impeller and casing. The symptoms associated with
entry into the pump and the impeller, and (2) the shock losses occurfingecirculation and a method for calculating the capacity at which it takes
at the impeller inlet. This gives rise to the definition e positive place at both the suction and discharge of the impeller are given in
suction head (NPSH) which is the absolute pressure at the pump inlet Fraser, “Recirculation in Centrifugal Pumps,” ASME Winter Annual
expressed in feet of liquid, plus velocity head, minus the vapor presqureeting, Nov. 16, 1981, Washington, D.C.
of the fluid at pumping temperature, and corrected to the elevatior) of Just as the head-capacity characteristic of a pump is represented by a
the pump centerline in the case of horizontal pumps or to the entrande tourve indicating reducing head developed with increasing capacity, the
the first-stage impeller for vertical pumps. head-capacity requirements of the system served by the pump can be
NPSH required is determined by the pump manufacturer and is|a depicted by a curve showing increased head requirements for increased
function of both pump speed and pump capaditysH available repre- flow, i.e., asystem-head curve (EIQ_1Z.2.28). The capacity at which a
sents the energy level of the fluid over the vapor pressure at the pyimpump will operate in this system is that at which the pump head-capa-
inlet and is determined entirely by the system preceding the pufnpcity curve intersects the system-head curve.
Unless NPSH available at least equals NPSH required at any condition
of operation, some of the fluid will vaporize in the pump inlet arld
bubbles of vapor will be carried into the impeller. These bubbles will
collapse violently at some point downstream of the pump inlet (usuglly
at some point within the impeller) and produce very sharp, crackling
noises, frequently accompanied by physical damage of adjacent njetal System-head curve
surfaces. This phenomenon is known asitation and is generally

o .
highly undesirable. & 'Tg'gé%n
A term similar to that used for pump specific speed has been deyel- T
oped for pump inlet characteristics and has been identifiegicisn 1
specific speed, S = N vQ/HZ/, whereH, is NPSH. For double-suction Total
impellers,S= NVQ/2/H/4 The values like Ng, is expressed simply as static
a number and, for general-purpose pumps, does not generally exgeed head
10,000, wherd is in r/min, Qs in gal/min, anH, is in ft. WhenQ is J

in m3/s andH, is in meters, the equivalent val&, is 194.

Within the limits of NPSH capabilities, it is desirable to select a pump
of the highest specific speed since this will produce the highest pymyig. 14.2.28  System-head curve.
speed and consequently use the smallest pump. As a convenienge in
accomplishing this, the Hydraulic Institute has published two chgrts Every system-head curve consists of (1) a total static head (which
indicating the recommended NPSH as a function of pump capacity pnanay in some cases be equal to zero) plus (2) friction losses. The total
operating speed and, conversely, the maximum recommended opergtirggatic headHy,, = Hy — Hs + P4y — Ps, whereH, and H, are the
speed for different capacities if the NPSH value is known or first §e-elevations at the system’s termination and origin, respectively Pand
lected. These charts are based on a recommended value of suctior] sexdP; are the gage pressures at the same points. In the special case of a
cific speed of 8,500, = 165). The chart for double-suction pumps is continuous freshwater system whéig= P = zero, i.e., atmospheric,
reproduced MEIQ- T4 227 it must be remembered that siphon recovery cannot exceed 1 atm (34 ft

Recirculation A better understanding has been recently reached ofless vapor pressure at sea level) and that recovery will not occur if the
the flow pattern in a pump impeller when the pump is operated| atsiphon leg is broken. Thus, any system over this height will have a total
capacities below that at its best efficiency. All pumps exhibit the phe-static-head component at least equal to the difference between its high-
nomenon of recirculation which is a flow reversal at the inlet or at the est elevation anéfiy minus the static-head equivalent of 1 atm plus the
discharge tips of the impeller. The capacities at which flow recirculationvapor pressure, even wherg = H,.
occurs at the suction or discharge are not necessarily coincidental.|lt is Thefriction losses H,, are the sum of the line lossék, fitting losses
now possible to predict the flow patterns that must exist to produce thiH;, and changes in velocity head across the syském(See Sec. 3 for
flow reversal. Depending on the size and speed of the pump, the effectsalculation methodsH, is simply the velocity-head difference between
of recirculation can be very damaging not only to the operation but alsahe system’s termination and origiH;, = V3/2g — VZ2g.

Capacity
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In complex pumping systems, such as municipal water-supply opgrawaterways are filled with air. If the suction supply is above atmospheric

tions, both the total static-head and the friction-loss components ma
variable, e.g., the former by changes in reservoir levels and the latte]

bpressure, priming is accomplished by venting the entrapped air out of
I byhe pump through a valve provided for this purpose. If the pump takes

the particular combination of lines being served at any given momgéntits suction from a supply located below the pump itself, the air in the

This results in upper and lower limits of system-head requirements,
the intersection of these limiting curves with the pump head-capa

hnghump must be evacuated by some vacuum-producing device, by placing
itya foot valve in the suction line so that the pump and suction piping can

curve will define the capacity range over which the pump will be - be filled with liquid, or by providing a priming chamber in the suction

quired to operate.
Since the capacity at which a pump will operate corresponds to

line. Almost every commercially made vacuum-producing device can
thebe used to prime pumps. Formerly, water- and steam-jet primers had

intersection of the system-head curve with the pump head-capacitwide application, but today electric-motor-driven vacuum pumps are
curve, any changes in pump capacity can only be obtained by vanfingnost frequently used.

one or the other of these two curvESTEIG—TZ2.29). Thus the capacity of

a centrifugal pump operating in a system can be regulated by (1) chgng-

ing the pump speed or (2) throttling in the discharge piping. The forn
method is preferable whenever the driver permits it, because thrott|
always involves an appreciable waste of power.

Capacity reduced

by throttling Throttle
AlTbrottle . curve
curve
R . System head
- B— .—Tap curve
rr]lecu:jon .:_(’. . - Pump head- cap curve
ot full speed of
rotation
A=l
E, Capacity reduced Pump head-cap curves
- ° by speed reduction  qat reduced speeds
3| 2
T T f+ Normal capacity

Capacity

Fig. 14.2.29 Pump operation in a system.

Pump capacity should never be permitted to be reduced to zero
cause the fluid within the pump would have to absorb the entire po
input and therefore would heat up rapidly with injurious effects on t
pump. A small bypass line should be provided in the pump dischal
line to permit a predetermined amount of liquid to flow through tfj
pump if the discharge valve is closed entirely. This bypass may
operated manually or automatically.

Centrifugal pumps may sometimes be operatgghinllel or in series.
To construct the head-capacity curve of two pumps in parallel, it
merely necessary to add the capacities of the individual pumps
various total heads. The head-capacity curve of two pumps in serig

erINSTALLATION, OPERATION, MAINTENANCE

IngfDroper installation, operation, and maintenance of centrifugal pumps
will vary widely over the complete range of services to which the pumps
may be applied, and satisfactory results in these areas can only be fully
achieved by following the manufacturer’s instructions for the size and
type of unit involved. There are, however, certain general considera-
tions which should be observed and which will seldom need to be
modified under any circumstances.

In general, the location selected for installation should be as close to
the source of the fluid as possible, consistent with the requirement that
adequate space be made available to provide accessibility for operation,
inspection, and maintenance. The pumping unit should be mounted on a
foundation of sufficient size and rigidity to support the unit itself plus
the weight of the fluid it will contain during operation and to maintain
accurate alignment. Piping should be independently supported and an-
chored to avoid imposing stresses on the pump, and suction piping in
particular must be designed to minimize friction losses and to present a
uniform velocity profile at the pump inlet. Suction and discharge (and/
or check) valves must be suitable for the pressures involved and, in the
case of large units, may also require independent support. If the pump

pewill be required to operate against a suction lift, a suitable priming

vepystem must be installed, and where it is to be provided with a head-on
he suction, it will often be necessary to provide a venting arrangement.
geCare must also be exercised to ensure that all auxiliary connections for

e sealing, cooling, flushing, and drainage are made as required for the

peparticular unit being installed.

Prior to initial operation of any centrifugal pump, it is necessary to
make sure that the driver is connected to provide proper direction of
jsrotation, that any shaft couplings between separate components of the
foentire unit are aligned within the manufacturer’s stated limits, and that
s igll bearings are provided with the proper amounts and grades of lubri-

constructed by adding the individual pump heads for various capacies¢ants. The normal starting sequence will then be as follows: (1) open

shows series and parallel operation of two centrifu
pumps with both flat and steep system-head curves.
Priming
A centrifugal pump is primed when the waterways of the pump 3
filled with the liquid to be pumped. When first put into service, th

gavalves in all auxiliary sealing, cooling, flushing, and bypass lines;
(2) open suction valve; (3) close discharge valve for low-specific-
speed pumps where no check valve is installed after the pump, or open
discharge valve for high-specific-speed pumps or wherever a dis-

recharge check valve has been provided; (4) prime or vent as neces-

e sary; (5) energize the driver; and (6) open discharge valve if it was
previously closed in step 3.

Following start-up and until proper operation has been adequately
established, it is desirable to monitor bearing temperature, stuffing-box
leakage, and other outward symptoms of the unit's behavior. Securing
of the pump is accomplished by a reversal of the start-up sequence,
encompassing steps 6, 5, 3, and 1, in that order.

Until the early 1970s there were only four factors to consider when
setting an acceptable minimum flow for centrifugal pumps:

Higher radial thrust developed by single-volute pumps at reduced
flows.

Temperature rise in the liquid pumped as capacity is reduced.

Desire to avoid overload of drivers on high-specific-speed axial-
flow pumps, which have a rising power consumption as capacity is re-
duced.

For pumps handling liquids with significant amounts of dissolved or
entrained air or gas, there is the need to maintain sufficiently high
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Fio. 14.2.30 Series and parallel operation of centrifuaal bumns.

velocities in the bumb casina to wash out this air or aas with the liauid.



Since then, the phenomenon of internal recirculation in the impe
has been discovered. The recirculation occurs at flows less than
capacity at best efficiency. Problems include pressure pulsations a|
suction and discharge and rapid deterioration of the pump and cas
The unfavorable effects of this internal recirculation have brough
fifth factor into the picture when setting minimum flows. This is di
cussed more fully above under “Recirculation.”

Each of the effects mentioned above may dictate a different minim
operating capacity. Obviously, the final decision must be based on
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lermust be provided to accommodate the difference between the minimum
thpermissible flow and that required by the service. This is accomplished
thisy installing a bypass in the discharge line from the pump, located on
indhe pump side of the check and gate valves and leading to some lower
apressure point in the installation where excess heat absorbed through
- operation at low flows may be dissipated. A valve is located in this
bypass line. For small installations, the bypass valve is operated as fully
Limopen or fully closed. For large installations, a modulating valve is usu-
thally used to bypass the difference between the required flow and the

greatest of the individual minimums. The internal recirculation usuajly minimum permissible.

sets the recommended minimum. Assuming that the pump is prop
furnished with the necessary instrumentation, such as flowmeters, g
sure gages with sufficient sensitivity to show pulsations, and vibrati
and noise-monitoring equipment, an experienced test engineer sh|
be able to pinpoint the onset of internal recirculation.

If the flow demand of the service in which the pump is installed

brly In the matter of pump maintenance, a generally accepted cardinal rule
ress that as long as operation continues normal, the unit should be left
n-alone. Thus, except in special circumstances, periodic overhauls are not
pulicommended. The amount and degree of maintenance likely to be
required are influenced primarily by the nature of the service to which
is the pump is applied, and maintenance practices must therefore be deter-

expected to fall below the minimum permissible flow, some mea

14.3 COM
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Notation

a = speed of sound
A = piston area

nsmined largely by the user as a result of personal experience.

PRESSORS
Bowman
n, = number of vanes
d. N = rotational speed
pas Ny = specific speed
! P = pressure
Q = heat flow, volume flow at inlet conditions
ers . .
d r = compression ratioR,/P,)
bm- 's = pressure ratio per stage
on . = pressure ratio across entire compressor
b- s = ratio of cylinder pressure at bottom dead center to inlet
due pressure
€- R = gas constant [for air 53.34fbf/(Ib,,,- R)], crank radius
and s — entropy, stress
St sg= specific gravity relative to air
T = absolute temperature, thrust
T, = vane thickness
U = piston velocity, peripheral velocity
V = volume
V; = built-in volume ratio
V = velocity
W = work, mass flow
Z = compressibility factor
Greek
a = ratio of piston area over valve flow area
B = blade angle, degrees

A = wave length

A = pressure loss, differential pressure (IB)in
n. = adiabatic efficiency

1, = polytropic efficiency

n, = volumetric efficiency

w = pressure coefficiengH,/U?)

¢ = flow coefficient Q/ND3)

w = angular speed (radians/second)
Subscripts

1 = inlet conditions

2 = discharge conditions
A = axial

A, = valve flow area
¢, = constant pressure specific heat
¢, = constant volume specific heat
C = clearance volume (decimal)
d = depth of ring section, diameter
D = diameter
e = eccentricity
E = modulus of elasticity (Ib/if)
f = valve resistance, in velocity heads
g = ring free gap less end clearance (in)
g. = gravitational constant
ghp = gas horsepower
h = enthalpy
H, = polytropic head (ftlb/lom or kJ/kg)
k = ratio of specific heats
K = area constant (decimal)
L = length, leakage coefficient, connecting rod length
Leq = equivalent length of pipe
m = mass
MW = molecular weight
n = polytropic coefficient
N, = number of lobes on main rotor
n. = number of staaes

R = radial
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Compressed-Air and Gas Usage

Compressed-air is used for machine and tool operation, drilling, pa
ing, soot blowing, pneumatic conveying, food processing, instrum
operations, and in situ operations (e.g., underground combustion).
sures range from 25 psig (172 kPa) to 60,000 psig (413,790 kPa).
largest usage is at 90 to 110 psig which is the normal plant air-pres
range.

Gas compressors are used for refrigeration, air conditioning, heat
pipeline conveying, natural gas gathering, catalytic cracking, polymé
zation, and in other chemical processes.

Standard Units and Conditions

In the ISO system, the standard unit of pressure for compressors id
kilopascal (kPa). In some countries this is the only unit which c
appear on the compressor pressure gages by law. In Europe, the §
pean Committee of Manufacturers of Compressors, Vacuum Pumps|
Pneumatic Tools (PNEUROP) and, in the United States, the Cqd
pressed Air and Gas Institute (CAGI) prefer the bar as the standard
of pressure. PNEUROP and CAGI have selected as standard condi
1 bar (14.5 Ib/if) (100 kPa), 20C (68°F), and O percent relative hu-
midity. The unit of flow in the ISO system is3s. Other units still in
common usage are, m¥/min, and L/s. In the United States the mog
commonly used units are3ftnin (cfm) and fé/h (cfh). Power is nor-
mally expressed in kilowatts (PNEUROP) and horsepower (CAGI).

Thermodynamics of Compression

Most compressors are analyzed using the ideal-gas law and assu
constant specific heat. Real-gas deviations are handled by applyi
compressibility factor (also callesiper compressibility). The ideal-gas
law will give satisfactory results for nonhydrocarbon gases for pressu
to approximately 1,000 psig (6,900 kPa) at normal temperatures. M
hydrocarbon gases and refrigerants deviate strongly from the ideal
laws even at moderate pressures. For these cases, thermodyn
property tables, Mollier Charts, or compressibility charts should
used. Unfortunately these are not available for many gases of indus
importance. In this case a generalized compressibility chart is us
Compressibility charts for various gases can be found in Loon]
“Compressed Air and Gas Data,” 3d ed., Ingersoll-Rand, and Rolli
“Compressed Air and Gas Handbook,” 5th ed., Compressed Air g
Gas Institute.

Adiabatic Analysis
The equation of state for an ideal gas is:

PV = mRT (14.3.1)

The first law of thermodynamics for a steady-flow process is (per
mass):
V3 - V3
29

c

Q=(h,—h) + (14.3.2)

Neglecting the kinetic energy of the gas and assuming constant
cific heat, for a reversible adiabatic process, Eq. (14.3.2) becomes
W=1cy(T, — T2 (14.3.3)
Substituting P,/P)<~ VX for T,/T; and k/(k — 1) for ¢,/R, Eq.
k

(14.3.3) becomes:
(k— 1)k
[ (B) ]
1-k P,

The same results can be obtained by evaluaiihg [V dp on an
idealized P-V diagrafi{Fig.14.3.1).

The isentropic efficiency (ratio of isentropic work to actual work)
given by:

W= PV, (14.3.4)

(PP~ Dk — 1

n.=T (14.3.5)
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Polytropic Process
; As an alternative to the adiabatic analysis, a polytropic process can be
defined as

PVn=C (14.3.6)

All the adiabatic equations apply iin(— 1)/n is substituted for
.rgk — 1)k where
Ing
ga n—1

n

k—-11

k M
res
ost If the inlet and discharge temperatures and pressures are kmown,
gagan be calculated from:
mics
be
trial

1
N T @i (PP

iesqlvheren is directly related to the heat transferred during the process by
_GM-T)-Q

C(T, —T) - Q

The reversible work done along the polytropic path is called the
polytropic work.

The polytropic efficiencyy, (ratio of polytropic work to actual work)
is given by:

(14.3.7)

S,

e (14.3.8)

k-1
L S
In (T,/T)

" In (P,/P,)

m, = (14.3.9)
The polytropic efficiency and the isentropic efficiency can be re-
lated by:

pe- rk=1k — 1

Ne = m (14310)
Equation (14.3.10) is strictly valid only for ideal gases with constant
specific heats. However, because the real-gas errors occur in both the
numerator and denominator, the equation gives reasonably accurate re-

sults for real gases which deviate moderately from ideal gases.
Positive-displacement compressors are almost universally analyzed
using the adiabatic model. Dynamic compressors are analyzed using
both the adiabatic and polytropic models with the trend toward the
polytropic model. The advantage of the polytropic model is that the
discharge temperature is immediately available apds essentially
constant for different gases. The polytropic efficiency is independent of
the thermodynamic state of the gas. Also, the total polytropic head is the
sum of the polytropic heads for the stages. This is not the case for

S

T,- T

isentropic heads. The advantage of the isentropic model is that the isen-
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tropic work can be read immediately from thermodynamic tables|or For a given volume flow, the ideal power is affected by inlet pressure,
charts. Comparing adiabatic efficiencies at different pressure ratios ishek value of the gas, and the compression ratio. The ideal power is not

not a valid procedure. affected by the inlet temperature of the gas or its molecular weight.
The actual power is increased due to losses through the intake and
Real-Gas Effects discharge valves or ports as can be seen on the indicator diagrdm Fig.

Deviations from the ideal-gas law are accounted for by introducin 232

compressibility factor Discharge loss

PV
zZ=— 14.3.11
RT ( ) ,

The isentropic work of compression for a real gas becomes:

ok 1Z,+2
W= P1V1 1— I: (P]_) ] 2—21 (14'3'12) Inlet loss

whereZ, andZ, are the compressibilities at conditions 1 and 2. Coip-
pressibility will also affect the volume flow of the compressor becayse —
of the reexpansion of the clearance volume gas.

P,
Mutistaging and Intercooling P!

Temperature rise and mechanical stresses limit the maximum pregsure
differential across a single stage of any compressor type. The pregsure
rise across a dynamic compressor stage is further limited by the ayail-. N ) Lo .
able polytropic head which the stage can develop. The volumetric Gfﬁ_Flg. 14.3.2 Typical indicator diagram showing intake and discharge losses.
ciency of a reciprocating compressor decreases with increasing pregsure Additional losses are caused by turbulence within the compression
ratio placing a practical limit on the maximum ratio per stage. chamber, preheating of the inlet gas, and leakage from the compression
Multistaging is used to overcome these limitations and to save poerchamber. The isentropic compression efficiency (ratio of isentropic
With perfect intercooling and no pressure losses between stages, thegrork to actual compression work) can be determined from the indicator
retically the minimum power is obtained when diagram or calculated from Eq. (14.3.5) provided that there is no liquid
ro="r (14.3.13) injection. In addition to the thermodynamic losses, the mechanical
s t 0. ©
losses must be added to the power requirement.
whereng = the number of stages; = the pressure ratio per stage; and  Volumetric efficiency is defined for positive-displacement compres-
= the ratio across the compressor. sors as
For every 10F of imperfect intercooling, the horsepower increasgs
approximately 1 percent. Perfect intercooling is achieved when the oy -
temperature of the gas leaving the intercooler equals the temperatufe of compressor displacement

the gas at the compressor inlet. The maximum theoretical work that cafror multistaging compressors, only the first-stage displacement is used.

be saved by perfect intercooling is: Positive-displacement compressors are essentially constant-volume,

( =1k variable-pressure machines as shownin Fig14.3.3. For fixed inlet and
o) | (7)

—i v, Vg

_actual delivery at intake conditions

discharge pressures and varying speed, positive-displacement compres-
sors are essentially constant-torque machines.
P, (k= Dinsk 1 14.3.14 Dynamic compressors operate by transferring momentum to the gas
Fl Ns — (14.3.14) via a high-speed rotor. The process is steady flow with the work given
by Eqg. (14.3.4). Head is defined as the energy per unit mass of the fluid.
On the ideal indicator diagr@mM {FIg. 1#.3.1), this is aréa82'. Head is imparted to the fluid through the change in magnitude and

In practice, perfect intercooling is seldom obtained. Normal pract|ceradius of the velocity components of the fluid as it passes through the
is to cool the interstage gas to within’E5to 20°F of the inlet gas. For |  rotor. The head developed by the rotor is

water-cooled machines, the coldest water available should be used for

intercoo”ng. H= (UlVUl - U2VU2)/gC (1431&)
WhereU, andU, are the linear velocity of the rotor at radii 1 andvg,,

Positive-Displacement Compressors Versus andV,,, are the fluid tangential velocity at radii 1 and 2.

Dynamic Compressors The polytropic head required for a given compression ratio is

Positive-displacement compressors collect a fixed volume of gas within RT,[r(- i — 1]

a chamber and compress it by reducing the chamber volume. The ifleal Hp = ave(n——l)/n (14.3.1®)

work for such a process is given by Eq. (14.3.4). The work could ajso
be obtained from the area enclosed by an ideal indicator diagfam The gas horsepower on a CFM basis is
[FigTZ31). The actual horsepower, taking into account real-gas dejvia-

- - Z + Z

tions, Is = (n—1)n — 1 2 3.

ghp= QP4[r 1] 220myn 1) ( 27 ) (14.3.17)
(k— l)lk
hp = _L44PVik [ ( ) ] and on a mass flow basis:
33,000(1— k) WH

+ — Wy 3

L (zlzz Zz> (14.3.15) ghp 33,000, (14.3.18)
1

) ) . ) . ) With H in J/kg andW in kg/s, the power in kilowatts is
with pressures in |bf/ihand volumes in ffmin. With the volume rat¥

in m¥s and the pressures in pascals (dropping the 144/33,000),| the KW = H (ﬂ)
p

power will be in watts. (14.3.19)
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Mechanical losses must be added to the gas power to obtain the
power. Volumetric efficiency is not defined for dynamic compresso
For a fixed impeller design and a fixed speed, the energy tha]
transferred to a unit mass of fluid as it passes through the impeller (

hafost plant air systems operate at 90 to 110 psig. Reciprocating and

s. oil-flooded rotary-screw compressors share this market about equally.
isAbove 200 psig, reciprocating compressors dominate.

.e., Single-stage compressors of 100 hp (75 kW) operating at 125 psig

the head) is constant. Pressure rise and power vary directly with inletvere once common. Modern practice is to use multistaging with inter-

gas density independent of the cause of the density change. Aninc
in kwill cause the pressure rise to decrease but will not affect the po

A centrifugal compressor is essentially a constant-pressure, varia
capacity machin .3). An axial compressor is a consf
capacity, variable-pressure machine over a significant discharge ¢
sure range. Dynamic compressors at least qualitatively follow the

laws.
GV O]
Hpz N, N,
The geometry of a dynamic compressor is dictated by the requi
flow, polytropic head, and speed. The specific speed is a dimension
parameter used to select the proper geometry.
NQW2)
s = H E3/4)

Q
Q2

Ny
N,

ghp
ghp,

(14.3.20)

For specific speeds from 400 to 900, radial impellers are used.
tween 800 and 1,400, mixed-flow impellers are preferred. For sped
speeds above 1,400, axial impellers are normally used.

Oil- flooded
sCrew Compressor

Reciprocating
COMPpressor

Surge
limit

Pressure

Centrifugal
compressor

Volume flow

Fig. 14.3.3 Pressure capacity curves for different compressor types.

Surging

All dynamic compressors have a minimum flow point called diree
limit below which the operation of the machine is unstable. The su
limit is a function of the compressor type, design pressure ratio,
properties, inlet temperature, blade angle, and speed. Operation
below the surge limit must be avoided. The existence of the surge li

tion involved.

Reciprocating Compressors

Reciprocating compressors as shofynin Figs. 14.3.4 and 14.3.5 ran
size from fractional cfm to 15,000 cfm (25,485%m) with discharge

pressures as high as 60,000 psig (413,790 kPa). The majority of a
cations fall in the pressure range of 10 to 300 psig (690 to 2,069 k
and capacities less than 2,500 cfm (4,250hh Single-acting compres-
sors (which compress gas on one side of the piston only) have t|
widest application below 50 hp (37 kW). Larger compressors are u

red

paseoling for pressures above 80 psig and sizes as low as 10 hp (7.5 kW).
erThe intercooling saves power, and the reduced discharge temperatures
blamprove safety and prolong compressor life.

ant-

res-

an Pipe to control

system

less

Be-
ific

Water jacket

Clearance pocket

1

Port to
control
system

To atmosphere or to intercooler

Fig. 14.3.4 Cross section of gas-compressor cylinder, showing water jackets,
clearance pocket with pneumatic control, and suction-valve lift devices.

The capacity of a reciprocating compressor is determined by the first-
stage displacement multiplied by the volumetric efficiency.

C(r)(llk)

m= 1+ O — s

L (14.3.21)

wherer; = P,/Py; r = P,/P;; andL = a leakage coefficient 0.05 for
lubricated compressors and 0.10 for nonlubricafed= the pressure

that exists in the cylinder when the piston is at bottom dead cedier.

the clearance volume as a decimal fraction and includes valve passage
volumes up to the sealing elements (pdiV, in[EIg_T4.3P). Clear-
ance volume for normal service is 5 to 15 percent. High-pressure ma-
chines have as small a clearance volume as practical whereas pipeline
compressors may have 100 percent clearance. The indicator volumetric
efficiency frolmE1g. 14.3.2 i¥/./Vy. In general, this will be greater than

the value obtained by Eq. (14.3.21).

ge The compression efficiency varies between 0.85 and .95. The me-

Ja§hanical efficiency falls in the range 0.88 to 0.95. The overall efficiency
bt &t the product of the compression and mechanical efficiencies.
it  The discharge temperature can be calculated from Eq. (14.3.22):

makes it essential to know the demand curve for the particular instdlla-

P,/P) k- Dk — 1
T2=T1[1+—(2 ) ]
e

If the inlet pressure is varied while holding the discharge pressure

(14.3.22)

he aonstant, the horsepower of the compressor will pass through a maxi-

mum value. This can be seen by substituting displacement tifpes
plfor V; in the horsepower equation (14.3.12). For correct sizing of the
Pajlriver, it is necessary to know the range of inlet pressures as well as dis-
charge pressure. Interstage pressures are selected approximately by
heiEq. (14.3.13) with empirical adjustments made for interstage piping,
suintercooler, and valve losses. The loss of volume due to condensation in

allv double-actina (both sides of the piston are used to compress d

asthe intercoolers should be accounted for.
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Fig. 14.3.5 Single-stage double-acting reciprocating compressor.

Valve losses can be approximated by:
P
A =1.26X%X 10-%afU3%,s9 (E) Ibs/ir? (14.3.23)

wherea = ratio of piston area to valve flow arefas= valve resistance in
velocity heads £ 4); sg = specific gravity relative to air; and . =
average piston speed, ft/s.
The piston velocity as a function of time is:
. R .

U= Ro (sm wt + TR sin Zwt) (14.3.24)
whereR = crank radiusL = connecting rod length; and = crank
speed (rad/s).

If there were no sealing elements in the valves, the velocity throy

the valves would be:
A
U, = (_) U
A

This pulsating velocity is amplified by the valve sealing elements
that pulsating flow is inherent in reciprocating compressors. The
wavelength for a double-acting cylinderlis= 60 a/2N, wherea is the
speed of sound. For a single-acting cylinder, it is two times this val
Pipes with total equivalent lengths equal to multiples\&f should be
avoided.

For a double-acting cylinder, the major problems occui/dtand
3M/4 although resonance can occur at the other multiplagbfEquiv-
alent lengthL . is given by

A L[ 27V
Leq = 3—60tarr _S/\

whereV = equivalent cylinder and passage volume; &eé cross-
sectional flow area of the pipe.

If it is not feasible to avoid the designated lengths, a volume bottlg
an orifice can be installed in the piping system. If an orifice is used
should béY- the pipe diameter and located at a node (one node occu
the open end of the pipe). A volume bottle should be located as clog

(14.3.25)

Requirements in the Design of Reciprocating Compressor and Pump
Installations,” Proceedings of the 1982 Purdue Compressor Technol-
ogy Conference, Purdue University) recommends the following equa-
tions for sizing:
kTS 1/4
MW

PD is the total double-acting displacement volume of all cylinders to
be manifolded to the surge bottleJfitSubscripsrefers to suctiond to

dischargeRis the compression ratio. Temperatures are in degrees Ran-
kine.

— VS
4= K

Vv, = 4PD( (14.3.26)

Compressor Valves

ghT he effective valve area is defined as the product of the element lift and

so
ull

e.

™
- an—] RO T |
[ cv— TSI TP
| e— C——— W
or [ ———) | I
it L] ~
s at Seat Valves Cover

the sum of the valve-seat peripheries or strip edges, less the guide and
end contacting surfaces. The plate and strip-type v 4.3.6
and 14.3.7) are used in air and low-pressure service. The concentric-

Cushion plate

Valve Seat

Fig. 14.3.6 Plate valve, illustrating floating element, cushion spring, and seat.
(Ingersoll-Rand.)

e 1@ig. 14.3.7 Feather valve, illustrating seat, flexing elements, and valve cover.

the cvlinder as possible. Von Nimitz (“Pulsation and Vibration Contr

DI

(Worthinaton.)
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disk typed{Fig. 14.3.8) is used in high-pressure, chemical, and naturpl- Below 300 Ib/ir? differential, two compression rings and one or two
gas operations. The lift varies from 0.035 in (0.9 mm) for high-pressurg 0il rings are normally used. From 300 to 600 IB/differential, three to
high-speed operation to 0.180 in (4.6 mm) for low-pressure, low-spegdour compression rings are used. From 600 to 1,5003Mdifferential,

operation, with 0.100 in (2.5 mm) for general purposes. Springs &
used to reduce the impact load. Element thickness ranges from 0.05

0.125 in (1.3 to 3.2 mm) for high-pressure service. The thickness, lift,

Fig. 14.3.8 Concentric-disk valve, illustrating seat, floating elements, and val
cover.(Chicago Pneumatic.)

and spring load are selected by trial and error. The feather valve elem
[Elg—TZ37) functions as a spring and sealing element. An 8-
(203-mm) strip has an average lift of 0.100 in (2.5 mm). The stri
thickness varies from 0.02 to 0.09 in (0.5 to 2.0 mm). Multiple nylon
poppet valves [lift= 0.25 in (6.3 mm)] have been successfully applied
to pipeline and other services where the discharge temperature does|
exceed 25%F (121°C).

Piston Rings

eour to five rings are used. Above 1,500 Iisix or more rings may be
tequired.

Piston-Rod Packing

Double-acting compressors are driven through a crosdhead {F1g.114.3.5)
and require a rod packing to seal the piston rod connecting the piston to
the crosshead. The operating conditions for rod packings are more se-
vere than those for piston rings. In a double-acting compressor, the
piston rings seal against the pressure differential across the stage
whereas the rod packing seals the differential between discharge pres-
L, sure and atmospheric pressure.

Rod packings use the same materials as piston rings. Metallic pack-
ing can tolerate rod wear of 0.15 percent of the rod diameter, with less
b iplerance above 2,000 IbAii13,790 kPa). The rod should be hardened
nto Rockwell 40 C and ground to a 10-rms or less finish.

)
Nonlubricated Cylinders
NL-1 class does not permit any direct lubrication and tolerates the mi-
NRlite contamination introduced along the piston rod. This can be elimi-
nated by an additional spacer and rod wiper, qualifying the cylinder as a
class NL-2. The pistons for this service use various Teflon rings and
riders. The life of carbon rings is reduced by low humidities. The cylin-

Reciprocating compressors employ compression rings, oil rings, ang

rider rings. Compression rings are always present, but whether oil rin
or rider rings are used will depend on the type of compressor and
service.

The standard compression ring is the one-piece square-cut or an
cut ring although two-piece and segmental rings are sometimes us
The one-piece ring usually has a rectangular cross section, but o]

sionally the cylinder contact face is crowned to prevent edge loadifpg®

and to improve lubrication. Cast-iron rings are still widely used but a
being displaced in many applications by filled TFE rings. Carbon-fille
TFE rings are preferred for process compressors. For air compress
carbon, glass, and bronze fillers are used. TFE rings can be used fi
—450 to 500F (—268 to 260C). Bronze-filled TFE is good for
higher-temperature operations because of its higher thermal conduc]
ity. Carbon-filled TFE is preferred for oil-free service. Many compres
sors that handle gases with corrosive components (e,&) tse piston
rings made of cloth-reinforced thermoset laminates with molybdenu
disulfide added to improve the lubricity. Polyamide, polyimide, an
poly(amide-imide) rings work well with marginal or no lubrication.

A one-piece ring must be stretched over the piston to install it in th
piston groove. The maximum stress occurs°180m the joint and is
given by Koppers Research and Engineering Staff (“Engineers Han|

book of Piston Rings, Seal Rings, Mechanical Shaft Seals,” 8th eq.

Koppers Company, Inc.) as:

0.424E(8d — g)/d

Dld 17 Ib/in2 (14.3.27)

S) =

When closed to the cylinder diameter, the ring is stressed to supj

the initial seating pressure. The maximum stress {1&0n the joint) is
given by the Koppers “Engineers Handbook” as:

&= (10413%2—!3(;9;;1) Ib/in2 (14.3.28)

Oil rings are used in lubricated compressors to scrape oil from th
cylinder wall and to meter a small quantity of oil to the compressio
rings. The oil rings may be above or below the wrist pin. Operatin
conditions for oil rings are less severe than for compression rings.

Nonlubricant compressors use rider rings to prevent piston cylind
contact. To prevent pressure buildup in front of the rider rings, longity
dinal grooves are cut into the rings. Usually two or more rider rings a

['@er should have a ground 10- to 16-rms finish and a minimum hardness
%%f Rockwell 20 C.
S

Ié_ubrication
b gubricants serve to (1) prevent wear by providing a supporting film

- petween the rubbing surfaces, (2) seal close clearances, (3) protect
gainst corrosion, and (4) transmit heat of friction and minute wear
particles away from points of contact. Industrial cylinders and packings
4 require force-feed lubricators. Viscosity is the best index of suitability:
)rggneral service at pressures below 500 {8448 kPa) requires 400
bpSU (86 centistokes) at 180 (38°C) (SAE 40); 700 SSU (151 centi-
stokes) for 2,000 Ib/ih(13,793 kPa); and 1,000 SSU (216 centistokes)
iUSAE 50) for 8,000 Ib/iA (55,000 kPa) operations. These oils have very
| high viscosity at 40F (45°C), which will result in poor lubrication.
Good winterizing practice provides continuous circulation of warm
jacket water and an immersed electric heater in the oil reservoir. Crank-
| case oils should include a foam inhibitor, sludge dispersant, and rust
inhibitor. Phosphorous extreme-pressure agents are added to high-
epressure lubricants to avoid wear and scuff damage. Castor-bean and
rapeseed oils are additives resistant to solvent action of condensing
[jhydrocarbons.

Cellulube, Houghto-safe, Pydraul AC, Anderol, and Fluorolubes are
used to resist the hazard of exothermic reaction in air compression. The
crankcase lubricant consumption for 10 plants over a score of years
averaged 20,000 bhp/(h)(gall_Tahlel14.3.1 shows lubricant require-
ments for general-process and natural-gas operations.

<

Table 14.3.1 Lubrication Required for Compressor Cylinders

Range of Film Pints per cylinder
cylinder thickness, Tohp/(h) per day per Oil drops/
diam, in wm per gal 100 hp of load min
24-36 0.40 13 15 13
e 15-23 0.45 19 1.0 9
L 10-14 0.55 24 0.8 7
7-9 0.60 32 0.6 5
) 4-7 1.20 24 0.8 7
3-5 1.40 27 0.7 6

)
- NoTE Based on 12,500 drops per pint of SAE 40 oil atF%vith vacuum-type lubricator.

Reduced drop count to roughly one-half for pressure-type lubricator. Example: 500 bhp, 20-in
ecylinder, requires 5 pint/day and feed of 45 drops/min. Each installation will vary on lubrication

=

required.

requirements. Manufacturers’ recommendations on oil type and quantity should be followed.
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IPAIDS SUFEANAN.

Capacity 100% 75%

50% 25% 0%

Fig. 14.3.9 Cards from a compressor with combination clearance and suction-valve bypass control.

Compressor Accessories

Most state laws and safe practice require a relief valve ahead of the
stop valve in every positive-displacement compressor. It is set to reld
at 1.25 times normal discharge or at the maximum working pressur:
the cylinder, whichever is lower. The relief-valve piping system son{
times includes a manual vent valve and/or a bypass valve to the sug
to facilitate start-up and shutdown operations. Quick line-sizing eq
tions are (1) line connectioml/1.75; (2) bypassi/4.5; (3) vent,d/6.3;
(4) relief-valve portd/9.

Volume flow is controlled by variable-speed drivers; steam engir
can operate at 20 percent of rated speed and gas engines at 60 pe
and electric-motor speed can be varied by means of eddy-current
hydraulic couplings and special wound rotors with rheostats, which
both costly and inefficient. Unloading can be applied by means
valve-lift and clearance pockets, as shown1n Figs. 1#.3.4 and 14.
Utility air plants are throttled with suction unloaders, as shovn i F

[IZ3710. Suction throttling and bypass controls are used in process g
ations.

1

To \_ [Fiter ' Atmospheric
intercooler pressure

relief 2 To hp cylinder

volve I untoader

i =l

000 : | B

D i
Compressor R

intake Line A

Fig. 14.3.10 Air suction unloader. Piston E moves to closed position as line
pressure reaches design point.

Cylinder Cooling

Single-acting compressors, especially smaller ones, are usually
cooled by fins cast into the cylinder. Cooling air is drawn across the f
by a fan. Double-acting compressors usually have cylinders that
water jacketed.

The principal purpose of a jacket-water system is to normalize cyl
der-casting strains. It has some effect on compressor efficiency du
reduced preheating of the air. This effect is reduced as the compre
speed is increased. The heat rejection to the jacket water is app
mated by:

H, = 4(tay — tay) + 100 Btu/(bhp h) (14.3.29)

wheret,, andt,, represent the average gas and water temperature
spectively, usually 155 and 14®, respectively, and a rejection of 16
Btu/(bhp-h). Where the temperature rise is between 2 afig, she
jacket-water requirement is 160 bhp/(50603.2 X t,), or 0.1 gal/
(min-bhp). The use of cold water in jacket-water systems causes d

densation on the cylinder walls, washing of lubricant, and excesdi

ring wear.

Rotary-Vane Compressors

[Figure TZ3Th is a section through a typical rotary-vane compres
The displacement can be calculated using the following formula.

Vy, = 2eL(7D — T,N)N (14.3.30)

Rotary-vane compressors have a built-in volume rdtid his means
irdpat they will compress the gas within the compression chamber to
asB(V)" before opening the compression chamber to the discharge port.
L oP1 is the inlet pressure, ang is the ratio of the volume of the compres-
e-Sion chamber at the inlet cutoff point to the volume at the point just prior
tion
ia-

es
cent,
and
are
of
B.9.
g.
per-

Discharge

Fig. 14.3.11 Section through a typical vane compressor Withvanes.

to the opening of the discharge port. If the operating-pressure ratio does
not match the built-in ratio, overcompression or undercompression will
take place as indicatedin Fig. 12.3.12. For this case the ideal work
should be calculated as:

P,V.
\Nideal = ﬁ
The ratio of this work over the ideal work required for a perfectly
afmatched compressor can be read from Fig- 1413.16. For example, the
ngtheoretical work for an air compressor with = 2 operating aP, =
ar®.8P; theoretically will require 2.5 percent more work than it would
if it were designed so that the built-in ratio matched the operating
in-ratio.
e to

V.
[VP—1—n] — szl (14.3.31)
i

Ssor
oXi- Additional work
P, §‘/due to undercompressing
————— P Additional work
re- /due to overcompressing

BOr.

Vi

Fig. 14.3.12 IdealizedP-V diagram for a compressor with a built-in volume
ratio (also referred to aslaiilt-in pressure ratio).
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However, normal practice is to base efficiencies on a power cal
lated as though the compressor built-in ratio matches the opera
ratio.

Rotary-vane compressors may be dry, lubricated, or oil-flood
Prior to 1960 two-stage, oil-flooded vane compressors up to 900
(1,530 n¥/h) compressing to 150 psig (10.3 bar) (1,034 kPa) were u
in portable compressors. They are now usually limited to less then
cfm (170 n¥/h) air compressors and to small refrigeration compress
and boosters.

Vane materials may be phenolic (micarta, polyamid-imides, po
imides, Ryton) or metal (aluminum-silicon alloy).

The major limitations of vane compressors are imposed by vane
friction, vane-bending stress, and vane-length limitations. Maxim
vane tip speeds are approximately 65 ft/s (20 m/s). Normally 6 tq
vanes are used although as many as 20 vanes have been used
trade-off is between reduced pressure differential per cell and increa
friction. The eccentricity ratio is normallg = 0.07D for low pressure
(25 psig) (172 kPa) an@é = 0.05D for higher pressures (50 psig
(345 kPa). For service over 50 psig, the compressors are usually m
staged.

Assuming an injected oil temperature of 2EQ6C°C) and no inter-
cooling, a two-stage vane air compressor operating at 100 psig will h
an adiabatic efficiency (including mechanical losses) of 60 to 72 p
cent. The discharge temperature will be approximately 90 &€ 9%
20C°F. Oil-flooded vane compressors normally use synthetic lubrical
The high shearing rates and vane tip temperatures rapidly oxidize pq
leum based lubricants.

Rolling-Piston Compressors

Superficially, the rolling-piston compressbr {Fig. 14.3.13) resemb
the sliding-vane compressor. However, its kinematics and performa
are quite different from those of the sliding-vane compressor. The r
ing-piston compressor consists of an eccentric, a rolling piston, a var]
cylinder, and a discharge valve. The motion of the rolling piston wi

Vane
Discharge Inlet port
port
Rollin ] . .
pistong Rolling contact point

Cylinder

Fig. 14.3.13 Section through a typical rolling-piston compressor.

respect to the eccentric and cylinder is controlled by the various frict
forces action on the piston. Compression and suction occur simy
neously in different chambers. A cycle covers two revolutions of |
eccentric. Rolling-piston compressors are usually used in refrigera
systems, typically 0.25 hp (180 W) to 0.75 hp (550 W). Typical valu
for volumetric and power efficiencies are 0.90 and 0.84 to 0.86, resf
tively. The eccentricity is normally about 0.09D. The piston diameter
is approximately 0.8x D and the length-to-diameter ratio is approx
mately 0.5. The compressor displacement can be calculated from

CuRotary, Twin-Screw, Oil-Flooded Compressors

irm4 is a cross section of an oil-flooded, rotary-screw com-
Ly pressor. The principle of operation can be determinedfrom Fig. 14.3.15.

p ‘The displacement of a twin-screw compressor is
m

ed
100

)rswhereK = N(Ang T A)D? D = the rotor diametert. = the rotor

V- length;N,, = the number of lobes on the main roté,; = the area of
one groove on the main rotor; ag, = the area of one groove on the

tipQ,eczondar_y rotor(:t_h is an overlap constant (b_etween 095 and 1.0 for

mmost designs) which corrects for the overlapping of the filling and com-

gPressing processes.

L
Vin = KD? = CyN (14.3.32)
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Fig. 14.3.14 Cross section of a typical single-stage, oil-flooded, twin-screw

compressor.
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Fig. 14.3.15 Operating principle of a twin-screw compressor.

C,, depends on the wrap angle, the profile, and the number of lobes.
Lobe combinations of (4 and 5), (4 and 6), (5 and 6), and (5 and 7) are
used. The most common design uses the (4 and 6) combination. Typical
values forC,, andK are given in [Able TZ3P. A complete cycle (filling

onand compressing) takes place over approximately @0nain rotor
Itarotation. There are four cycles per revolution of the male rotor. The
he discharge process for adjacent grooves overlap for approximatély 40
iorgiving an inherently smooth discharge process.

s Rotary-screw compressors have a built-in volume rdfi¢typically
ec4.4 for single-stage air compressors and 1.9 to 3.5 for refrigeration
compressors). For an inlet pressurePpf the compressor will have a

- built-in pressure oP,V]. The effect on the P-V diagram and on the

Edheoretical power can be found fiomMEG—TZ4B.12[ANA Fig 14.3.16. In

(14.3.30) withN, = 1.

practice, the increased discharge port losses associated with higher



built-in volume ratios (smaller port area) skew the resultETIn]F
[IZ3T6. In practice, it is more efficient, at least in air compressors

ROTARY, TWIN-SCREW, OIL-FLOODED COMPRESSORS 14-35

Capacity can be controlled by on-line/off-line operation, inlet throt-

Etctling, slide-valve or turn-valve operation, or speed regulation. Station-

have the built-in ratio slightly lower than the theoretical ratio. Single- ary air-compressors are normally controlled by on-line/off-line op-

stage, twin-screw air compressors rarely have built-in pressure rg

Table 14.3.2 Typical Constants for Different Lobe
Combinations (300 ° Male Wrap)

Non/ Ny 3/4 4/5 4/6 5/6 5/7
Cun 0.954 0.973 0.969 0.984 0.980
K 0.530 0.439 0.507 0.454 0.468

greater than 9, and most are designed with ratios of 7 to 8. An
compressor designed for 100 psig can operate at 175 psig with a lo
adiabatic efficiency of approximately 5 and 4 percent loss of volume
efficiency.

Adiabatic efficiency (including mechanical losses in the air end) v
from 70 percent for small sizes (80 mm) to 88 percent for lar|

(300 mm) slow-running compressors. An average value for a midgi

compressor is 0.78 to 0.75 based on an injection temperature of

120
n=1.4; P,=1bar; P, =V]; P,= Discharge pressure.
115
v,=2
g £ 1o
g2 -
s vi=3
1.05
1.00 L
06 07 08 09 10 11 12 13 14 15 186
P, /P,

Fig. 14.3.16 The effect of the built-in volume ratio on theoretical work 0|
compression for a compressor operating off the design point.

let temperature plus BB8. Accuracy in manufacturing the rotors i
critical to achieving good efficiency. The heat absorbed by the cool
n(T, — Ty)

oil can be estimated by:
Ty(re Dk 1)]

where power= the shaft power to the compress®y.is normally 70 to
90°F overT,.

Tip speeds range from 15 to 50 m/s. Rotor sizes range from 40 to
mm diameters witi./D from 1 to 2. Oil-flooded screw compressor
dominate the portable-compressor market and share the plant-air m
about equally with the reciprocating compressor up to about 3,000 @
In the refrigeration industry, the screw compressor finds its widest
plication in the 300 to 500 kW range.

In heat-pump applications, the screw compressor’s zero-clears
volume is an advantage over reciprocating compressors. Reciprocg
compressors lose volumetric efficiency as the outside temperature d
(the compression ratio increases) requiring supplemental heat to d
pensate for the lost capacity. Refrigeration screw compressors are
available with a secondary suction port known ag@nomizer connec-
tion. This allows for two-temperature-level operation. At full-load ope
ation, the system COP is improved significantly. As the compresso

Q;, = power I:l - (14.3.33)

tiogration or inlet throttling with unload below 50 percent capacity.

Inlet —

[T
7]
” 1 AByposs \ _
] Bl
air I J ? H
. |- Slide
S in - L = = valve \
ric b
% ;I
Slide valve

ry actuator
je

Discharge

ize
in_Fig. 14.3.17 Principle of slide-valve operation. As the valve is moved toward
the discharge end of the compressor, the point of inlet cutoff is delayed.

The air-oil sump is usually blown down to atmospheric pressure at un-
load.

Portable compressors are normally controlled by a combination of
inlet throttling and speed regulation; the air-oil sumps are not blown
down.

Refrigeration compressors are controlled by inlet throttling or more
often by a slide valve or turn valve. A compressor with a slide valve is
shown ITEIQIZ3717. The effect on power consumption for each type
of capacity control can be found frdmFig- TZ4.3118.
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Fig. 14.3.18 Comparison of different capacity control methods for oil-flooded
screw compressors operating at constant speed.

100

5 Oil-flooded, twin-screw compressors have been operated success-
rkétlly on petroleum-based oils, automatic transmission fluids, synthetic
fmdiesters, polyalphaolefins, synthesized hydrocarbons, and polyglycols.
hp-The trend is to synthetic lubricants.

Regardless of the lubricant selected, the discharge temperature for an
ncair compressor must be kept high enough to prevent condensation in the
tingbricant during part-load operation. This is usually accomplished by a
Frogkermal valve set to maintain the minimum injection temperature at 140
onte 165°F (60 to 76C). Standard oil separators limit oil carryover to 5
hoppm or less. Optional treatment can reduce the levels further.

The capacity loss of an oil-flooded, twin-screw compressor with alti-

[- tude is quite small compared to a normal reciprocating compressor. The

unloaded, the improvement is lost.

isapproximate capacity correction for altitude can be read Enm Fig.
[14319.
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16,000 Rotary Single-Screw Compressors
14.000 / The operating principle of the single-screw compressor can be determined
' fromEIg_TZ4.320. Lundberg and Glanvall give the displacement as:
12,000 ,/ . B—D/2
B = arcsin——
+ 10,000
g Q=m-28
2 8000 - Q
£ C=2R smE
6000
// _aQ)
4000 YT
2ooo/ t=R-— B DP2
’ sin(B+ )
1.0 099 098 097 096 095 094 093 092 u=B- o + il sin (B + v)
Capacity multiplier 2 2
Fig. 14.3.19 Altitude correction for capacity, single-stage, oil-flooded scre &
compressor. V=3 AUAa
a=al
Discharge

Discharge ’—1

Gate
rotor

Main rotor

Inlet

_ A
\%\\// )

Gate
rotor

Main
rotor

D

Fig. 14.3.20 Principle of operation and geometry of a single-screw comprefésamdberg and Glanvall, *‘A Com-
parison of SRM and Globoid Type Screw Compressors at Full Load,”” Proceedings of the 1978 Purdue Compressor
Technology Conference, Purdue University, West Lafayette, IN.)



The rotary single-screw compressor is an oil-flooded compressor wi
built-in volume ratio. The compressions for each star wheel are aln]

ORBITING SCROLL COMPRESSORS 14-37

h d&rom 15 to 180 psig (1,240 kPa). Two-stage compressors are almost
oshlways intercooled. With intercooling to 45 they approach adiabatic

in phase so the gross effect as far as the discharge piping is that there aeéficiency (based on zero intercooling) including mechanical-loss

six discharges per revolution of the main rotor.

The single-screw compressor is used in the refrigeration indus
where the low bearing load on the main rotor is an advantage. It is §
being used as an air compressor in the smaller sizes.

Adiabatic efficiency of a single-screw compressor will be 2 to
percent lower than that of a comparable twin-screw compressor.
effect of off design operation on theoretical power can be found fr
Fig. 14.3.16. Capacity control is identical to the twin-screw compress

Dry Rotary Twin-Screw Compressors

A dry rotary, twin-screw compressor has timing gears to separate
rotors which may or may not be coated. The typical compresso
water-jacketed. Seals prevent gas leakage along the shafts and se
oil to the bearings and timing gears. Sleeve bearings are most com
but some units have antifriction bearings. The displacement is the s
as for the oil-flooded screw. Tip speeds vary from 80 to 120 m/s. Mg
mum compression ratio per stage is 4.5 base#t enl.4. Sizes range
from about 400 to 20,000 cfm (680 to 34,006/h). Pressures rangd

or

ranges from 72 to 80 percent. While oil-flooded screw compressors can

trybe controlled to very low capacities by inlet throttling, dry screw com-

Ispressors cannot. The resulting pressure ratio causes excessive tempera:
ture increase across the compressor.

5
rh@rbiting Scroll Compressors

MThe primary elements of the orbiting scroll compressor are the fixed
'scroll, orbiting scroll, Oldham ring, crankshaft, and crankcase. Typi-
cally the two scrolls are involutes of circles phased °18part. The

orbiting scroll is driven by the crankshaft and prevented from rotating

theia the Oldham rind(Eig_T4-321). As the scroll orbits, the pockets

isformed between the flanks of the scrolls move toward the center reduc-

Al ihg in size until the built-in volume ratio is achieved. At this point two

hopockets start discharging simultaneously through the discharge port.
hmehe filling, compression, and discharging process usually takes 900 to
xi-1,100 degrees of shaft rotation, depending on the number of wraps. The

compressor displacement is a function of the involute generating radius,
the starting angle, the thickness angle, and the scroll height. The crank

Fixed

Orbiting —.%
scroll

Maximum filling area

scroll

Inlet cutoff

Start of discharge
Fig. 14.3.21 Operating principle of an orbiting scroll comp

End of discharge

ressor (moving scroll is orbiting clockwise).
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radius is equal to 0.5 times the involute pitch minus the scroll thickne
The scroll compressor is used primarily as an air-conditioning or hg
pump compressor in the 5 to 50 hp (3.7 to 37 kW) range.

Dynamic Compressors

A typical centrifugal compressor is showlIn FIg. 14.3.22. The optimd
range of operation can be found frEm F1g.12-8.23. An estimate of
polytropic efficiency can be obtained frbm F1g.14.3.24 or calculat]
from

n, = 0.014 In Q) + 0.600

whereQ is in cubic feet per minute.
For normal industrial compressoid,, = 10,000 ft Ib/Ib (30 kJ/kg)
per stage although much higher values can be obtained.

(14.3.34)

el el
D

4

Fig. 14.3.22 Single-stage, cantilever-design centrifugal compressor.

The required speed can be estimated from:

N = (GEHp/°
7D

The pressure coefficient(= g.H,/U?) varies from 0.4 t0 0.7 (in the
high-efficiency range). In the absence of specific data, use 0.55
estimating.

The diameter is determined by the required flow and can be estim
from the flow coefficientp = Q/ND3 « V/U, whereV is the axial inlet
velocity. The normal range af is 0.15 to 0.4 with the optimum at 0.3

(14.3.34)

Inlet volume, 100 m3min
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Fig. 14.3.23 Range of speed versus inlet capacity for near-optimum dynal
compressor efficiencyLoomis, ** Compressed Air and Gas Data,”’ 3d ed., Inger-

h

ss. The slope of thes-¢ curve (and theH,,- Q curve) is strongly depen-
atdent on the backward lean of the impeller blades as sholn 1 Fig.

OZ325.8, = 90° is a radial blade. Normal closed industrial impeller
blades will have an angle of 65 to %5t should be noted that an
increase in density of the gas will flatten the slope.

m
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< I
103 2 4 & 810* 2 4 6 810°

Capacity at compressor inlet, £+%min
Fig. 14.3.24  Approximate polytropic efficiency versus compressor inlet capac-

ity. (Rollins, ** Compressed Air and Gas Handbook,"” 4th ed., Compressed Air and
Gas Ingtitute, pp. 3—71.)

A typical axial compressor is showrIn Fig. 124-3.26. The range of
application can be found frddEIG—TZ=3118. Axial compressors are more
efficient than centrifugals (as much as 5 percent) but have a much
narrower range of operation. The surge limit will vary from 85 to 95
percent of design flow. For a given stage, the polytropic head will be
about one-half that developed by a centrifugal stageu.e= 0.3. Axial
compressors are used only for air or clean gas. They find their major
application in refineries, butadiene plants, and ethylene oxide plants.
Jet-engine compressors are axial-flow compressors.
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Fig. 14.3.25 Basic characteristics of centrifugal compressor, showing effects of
backward-leaning impeller bladg#fter Balje, ASME 51-F-12.)

Thrust Pressures

A double-inlet and an open impeller have no axial thrust, whereas a
semienclosed impeller, with a frontal shroud, can impose substantial
thrust, evaluated by:

Ta = Y(A, — Ay) A (Ib/in?)
+ 0.8 (A, — Ag) A (Iblin?) — P, Ag
C
where A; = full impeller area;A, = impeller area less the area of
the inlet-eye sealp; = shaft area through the seal, all inZirand
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Fig. 14.3.26 Multistage axial compressor.

A (Ib/in?) = pressure differential per stag¥.is the percentage of
A (Ib/in?) acting in back of a single-stage disk: (1) Without a front
shroud and a plain back, = 0.35; (2) with 0.060-in back ribsy =

0.28; (3) with¥s-in equalizer holes at half radius and about 2 in ap
Y = 0.22; and (4) with deep scallopg,= 0.18. For fully shrouded im-
pellers, as used in multiple stagé= 1.00. These thrusts are balanc
by opposing impeller inlet ends or, more generally, by a balanc
drum wherein an equal and opposite thrust is created, equal to

product of the compressa¥ (lb/in?) and the area of the drum. Step-
I anoff (“Turboblowers,” Wiley) shows that radial impellers create
a radial thrust, caused by the uneven volute-pressure distribution,
t, which is:

T = 0.36A (Ib/in2) db

gwhered = the impeller diameter; and = the width, including the
thehrouds, both in inches.

14.4 HIGH-VACUUM PUMPS

by Benjamin

REFERENCES Dushman, “Scientific Foundations of High Vacuum Technique,|’

2d ed., Lafferty (ed.), Wiley. Roth, “Vacuum Technology,” North-Holland
O’Hanlon, “A User’'s Guide to Vacuum Technology,” Wiley. Power, “High
Vacuum Pumping Equipment,” Reinhold. Van Atta, “Vacuum Science and H
gineering,” McGraw-Hill. LaPelle, “Practical Vacuum Systems,” McGraw-Hill |

Holland, Steckelmacher, and Yarwood, “Vacuum Manual,” E. & F. N. Spof.

M. H. Hablanian, “High-Vacuum Technology,” Marcel Dekker.

The pressure of gas in a chamber at a given temperature can be red
by allowing the gas to escape through a port into a vacuum pump, 0
a pumping system comprising two or more pumps in series, wh

B. Dayton

square meter) is recommended as the Sl unit for the pressure of the gas
in vacuum systems, but the utdtr (equal to 133.322 Pa) is still widely
used in equipment catalogs and published articles. The ISO also permits
" the use of bar (£0Pa) and millibar (mbar), which are convenient units
for vacuum technology (one torr equals 1.333 millib&jmping speed

is normally expressed in litres per second (L/s) or cubic feet per minute
(ft3/min); one litre per second equals 2.12 cubic feet per minute.

uced
by
ch ELECTION OF PUMPS

compresses the gas and discharges it into the atmosphere, or by ajlowhe type of vacuum pump selected depends primarily on the lowest

ing the gas (or vapor) to condense on a sufficiently cold surface o
react with a chemically active surface exposed within the chambe
within an appendage to the chamber. The movement of the gas toy
the pump or trapping surface can be accelerated by heating the wal
the chamber or by ionizing the gas and applying an electric fRelgry

mechanical pumps andsteam gjectors which can compress the gas fron
about 16 3 torr up to atmospheric pressure are described earlier in S
9 and 14. Pumps and trapping techniques required to produce pres:
in the “high-vacuum region” (below 103 torr) are described below.

tpressure to be attained and the possible effects of vapor contamination.

ofThe lowest pressure that the pump itself can attain without vapor traps is

arcalled theultimate pressure of the pump. Thesize of the pump depends

s dither on the time to “pump-down” from atmospheric pressure or on
the pressure to be maintained in the presence of a given gas load during
the process cycle and the number of pumps which can be installed in

pcgparallel. The gas load is usually expressed in termghmighput de-

urBsed as the product of the static pressure and the volumetric flow rate
across a given section at a given temperature. Size of pump is rated in

Units The termpascal (abbreviated Pa and equal to one newton p

er terms of volumetric pumping speed (L/s o¥/fhin) at the inlet pressure
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for which the speed is a maximum. As showfinEig—14.4.1, for rota
piston mechanical pumps this maximum speed occurs at atmosp
pressure, but for steam ejectors and oil vapor ejectors (similar in pri
ple and design to steam ejectors but employing water cooling on
venturi section or diffuser) the maximum speed occurs at the top
narrow peak on the speed-pressure curve. diffesion pump, which

employs one or more jets of vapor into which molecules from t
chamber can diffuse and be carried forward into a region of higher
pressure, has a broad plateau of maximum speef{See Figl14.4.1)

0D48")
00(10")

Log]O (speed inliters/second)

-8 7 -6 -5 -4 -3 -2 -

Log'O (pressure in torr)

Fig. 14.4.1 Variation of pumping speed with inlet pressure of typical vacuu
pumps. OD(48 in)= oil diffusion pump with nominal 48-in-diam inlet flange;
OD(10 in) = 10-in oil-diffusion pump; ODB(10 in)= 10-in oil-diffusion pump
with baffle; ODE = oil-diffusion-ejector pump; TM= turbomolecular pump;
Gl = getter-ion pump (sputter type); RB Roots-type blower; RR= rotary-
piston, oil-sealed mechanical pump; S1, S2, S3, and=S#atching stages in
series of four-stage steam ejector.

about 10 3torr (1 mtorr) to pressures 20 times the ultimate pressure,
latter being approximately equal to the vapor pressure at room temp
ture of the fluid used to form the vapor jet. Placing a cooled baf]
between the diffusion pump and the vacuum chamber reduces the
pumping speed but allows the attainment of lower pressures by d
densing the pump-fluid vapor. The turbomolecular pump, employ
many turbine blades rotating between slotted stator disks, also h
broad pumping range up to about 0.01 torr, as shown by curve TM
Fig. 14.4.1.

TYPES AND SIZES

The number, types, and sizes of vacuum pumps in series require|
compress gas from the chamber up to atmospheric pressure us
depends on the compression ratio per pumping stage at the maxir
throughput during the process cycle. Ratrahigh vacuum systems
(pressures less than 19torr) the number of pumps or stages requirg
to reach the lowest pressures may depend on the rate of back leakal
back diffusion through the pumps at the minimum throughputn-
pression ratio is defined as the ratio of the outlet (exhaust or discharg

m

ly- pumping a gas or vapor that is not absorbed or condensed within the

erjpump. This ratio is a variable quantity which depends in general on the

citatio of the pumping speed of a given stage to the net speed of the fore
theoump, or next stage of compression. However, for a given throughput

f ahere is an upper limit to the compression ratio which can be maintained

across a vapor jet pumping stage at a given power input. At maximum
he throughput under normal operation the limiting compression ratio for
jasingle-stage ejector pumps is about 10, and for the individual stages of
fromultistage diffusion pumps the limiting ratio is about 4. Thus, a three-

stage steam ejector is required to compress air from 0.8 to 760 torr, a

ratio of about 18. Qil diffusion pumps usually have from three to five

stages, and a four-stage diffusion pump can compress air from 1.5 mtorr
to 0.4 torr at maximum full-speed throughput, corresponding to a total
compression ratio of about 4r 256. The overall compression ratio can

be much higher at very low throughputs, but theepressure (pressure

at the outlet) should not be allowed to exceed a value known as the

limiting forepressure or tolerable forepressure, which is usually in the

range of 0.2 to 0.6 torr for a four-stage diffusion pump.

Oil-sealed mechanical piston pumps can be operated with high com-
pression ratios over a pressure range from atmospheric pressure (or
above) to about 1 mtorr. Molecular drag, centrifugal, rotary blower,
e.g., Roots-type, pumps, and turbomolecular pumps are limited by back
flow or leakage of gas from the forepressure side through the clearances
between the rotor and stator, and therefore require backing pumps to
reduce the forepressure from atmospheric to a sufficiently low value to
permit a high vacuum to be obtained on the inlet side. Oil vapor-jet
pumps cannot discharge gas directly to the atmosphere because of limi-
tations on the vapor pressure which can be generated without excessive
thermal decomposition of the oil, and backing pumps must therefore be
heused to reduce their forepressures to values less than the vapor pressure
Eraf the oil at a safe temperature in the boiler. Some gas molecules (par-
le ticularly hydrogen and helium) may succeed in diffusing back through a

nghpor jet from the forevacuum to the high vacuum, and for ultrahigh

ONyacuum systems this back diffusion must be reduced by using a suffi-

Ngcient number of pumping stages and vapor jets with high vapor density

1S @nd velocity.

N [Table TZ A1 lists types, sizes, and operating characteristics of typical
commercially available pumps. The maximum (standard measured)
speed (in litres per second) of oil diffusion pumps is aboudZ &r
three-stage models and R8for four-stage models, whei2is the true
inlet diameter (in inches). The larger pumps are usually water-cooled,

d tand about 80 percent of the heat generated must be carried away by the

halgooling water, the remainder being lost by convection, radiation, and

huonduction to the surroundings. The exit temperature of the cooling
water should usually not exceed*@ and the required rate of flow in

d cubic centimeters per minute of water having an inlet temperature of

pe20°C and an exit temperature of 3D is about numerically equal to the
power input in watts. This rule of thumb applies to either diffusion

e)pumps or water-cooled mechanical pumps where the horsepower of the

pressure to the inlet (or intake) pressure at a given throughput wi

Table 14.4.1 Types and Available Sizes of Hig

hemotor is converted to watts by multiplying by 746.

h-Vacuum Pumps

Nominal Maximum Starting Ultimate Power
inlet ID, air speed pressure, pressure, input,
Type in L/s torr torr kw

Rotary piston 0.5-8 0.1-400 (atm) ~1073 0.2-30
Blower (Roots) 2-24 40-13,000 30-100 ~10°3 0.5-70
Turbodrag (hybrid) 2-12 60-2,000* 5-10 ~10°8 0.1-2.6
Turbomolecular 2-26 50-10,000* ~0.1 <10°° 0.4-6
Diffusion (vapor) 2-48 100-90,000 ~0.5 <10°° 0.3-30
Diffusion ejector 12-24 4,000-12,500 2-5 ~104 6-23
Getter-ion (sputter) 0.3-36 1-50,000 ~0.02 <1010 0.1-50
Sorption 1-2 1-80 (atm) ~103 0.4-2
Cryopump 4-48 400-57,000* ~10-3 <1010 1-8
Nonevaporable getter 3-8 150-16001 ~104 <1010 0.2-1.8

* Nitrogen speed.
1 Hydrogen speed.
1 torr = 133.32 Pa.
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Diffusion Pumps[Figure T4 ZP shows in cross section a typichl size). When the cryopanels become saturated with thick condensed
vacuum system with a diffusion pump A having three stages (anndlatayers and the charcoal needs reactivation, the inlet valve is closed and
nozzles forming vapor jets). The operating fluid, which is usually| a the cryocooler switched off while the pump is allowed to warm up and
low-vapor-pressure organic or silicone oil of molecular weight rangipg purged with warm dry nitrogen. A pressure-relief valve is incorporated
from 350 to 500, is located in the bottom of the metal casing and isin the cryopump to protect against too-rapid evaporation of the con-
densed gases, and since hydrogen gas may be released first there shoul
be no object present which might ignite the gas mixture. A plate cooled
to 20 K, by circulating helium gas from a refrigeration unit through
coils attached to the plate, will condenseg,)CO,, CO, H,0, O,, Ar,

_ and Xe to maintain partial pressures of these gases less thahtbér.

Gas flow from user's
vacuum system into
inlet of cryopump

P

T

Fig. 14.4.2 Typical high-vacuum system. A diffusion pump; B= chamber; Mounting flange

C= baﬂlg; D= valve; E= pump heater; F: Roots-type blower; G= roughing 80K condensing

(mechaplcal) pump; H= holding (mechanlgal) pump; | to N valve§; R: oil array

reservoir and separator; © bellows; R, S= ion-gage tubes; T, &= Pirani-gage

tubes; V, W= air-inlet valves. 15K array

~——_ BﬁKIBadiation

heated by an external electrical heating unit E to about@Q@6 gener- [ ?/le |

ate the vapor. Mercury can be used as the pump fluid, but efficient %1 Csﬁjl{rlgqa\éesse

refrigerated traps are required to keep the mercury vapor out of the ..o | cylinder

vacuum chamber B. Oil diffusion pumps require some form of purgipg relief T Helium-

or purification of the oil during use to eliminate dissolved gases gnd valve gas return

volatile decomposition productBractionating oil diffusion pumps purify (hidden) /Onnecmf

the oil by circulating it through a series of boilers, or boiler compaft- [— LAY ] )

ments, feeding vapor through separate chimneys to the various nozzles Helium-

in a multistage pump. The volatile impurities are ejected with the vaor gas supply
connector

feeding the stages nearest the fore vacuum, and the purged oil of lojvest Drive-unit

vapor pressure supplies the top nozzle from which vapor molecyles Standpipe

scattered back out of the inlet port create a partial pressure of oil vgpor filter Accessory

in the high vacuum which limits the ultimate pressure obtainable with- port

out cold traps [Hickman]. Appl. Phys. 11, 303 (1940)]. ) connection

Getter-ion pumps Or sputter-ion pumps employ chemically active metal Regeneration

layers which are continuously or intermittently deposited on the walljof purge fitting

the pump by either thermal evaporation or sputtering and which chemiFig. 14.4.3 Cryopump with two-stage mechanical refrigeration uf@ourtesy

sorb oxygen, nitrogen, water vapor, and other active gases while th&TI-CRYOGENICS)

inert gases such as helium, neon, and argon are “cleaned up” by ioiz-

ing them in an electric discharge and drawing the positive ions to fheHydrogen, helium, and neon are not adequately condensed at 20 K but

wall where the neutralized ions are buried by fresh deposits of mgtalmay be “cryotrapped” in a deposit of 0 and other gases condensing

These pumps require a roughing pump to reduce the pressure to|less the plate. Cryopumping is used in space simulation chambers to

than about 20 mtorr at which point the active metal (usually titaniufn) create the necessary low pressures and to act as a heat sink comparable

can be evaporated or sputtered at the required rate, but after they Hegia “cold black space.” In this application the 20-K plates are shielded

operation no backing pump is required since all of the gas is trappef aby liquid-nitrogen-cooled panels, and the whole array is shaped to cover

the wall. When isolated by valves from the roughing pump, the getter-the inside wall of the vacuum chamber.

ion pumps form an enclosure sealed to the vacuum system so tHat a Sorption pumps employ a sorbent such as activated charcoal or syn-

power failure cannot result in leakage of atmospheric air or vapors frpnthetic zeolite (Molecular Sieve) cooled by liquid nitrogen or other re-

a forepump into the system. Sputter-ion pumps can operate continufrigerant. They can be used to rough a system down from atmospheric

ously for more than 1 year at pressures below el@rr. pressure to a few millitorr at which getter-ion pumps may begin opera-
Cryopumps consist of one or more exposed surfaces refrigerated o aion, or an additional preconditioned sorption pump can be valved in to

temperature usually below 100 K, at which certain gases will be cpn-reduce the pressure to 1®torr or less.

densed and form a layer having an equilibrium vapor pressure belgw a Nonevaporable getter pumps employing cartridges or strips of zirco-

specified limi{_Eigure T4 413 shows a cryopump with plate arrgysnium-aluminum alloy or zirconium-vanadium-iron alloy mounted on

cooled to 15 K and 80 K directly by a mechanical cryocooler, usuajly flanges with central heating elements can be directly inserted in the wall

based on the Gifford-McMahon cycle (Sec. 19.2) and charged withof vacuum systems or enclosed in a separate housing attached to the

helium gas. Activated charcoal is fixed inside the 15 K array pangls.system. These pump all active gases, especially hydrogen, which is the

Cooldown time is about 1 to 3 h. For vacuum systems to be cycleq tccommon residual gas in ultrahigh-vacuum systems. When very high

atmospheric pressure, a high-vacuum valve should be placed ovef theumping speed is required, the getter is heated above room temperature

cryopump inlet and closed when venting the system. The condition|forto promote diffusion of gas into the bulk material. TAeAl aloy must

again opening the valve is that the product of system volume and pfedfirst be activated by heating for about 45 min to 700°C, but the Zr-V-Fe

sure in torr-litres should be slightly below the manufacturer’'s ratpdalloy needs to be heated to only about 450°C. Starting pressure is less

crossover limit (ranging from about 40 to 500 depending on the pumpthan 10~ 4 torr and ultimate pressure for active gases can be less than
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1010 torr. Regeneration of the getter by heating is periodicaly re-
quired. The pumping of hydrogen is reversible by controlling the tem-
perature, and an application is the pumping, storing, and releasing of
hydrogen isotopes.
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Fig. 14.4.4 Vertica turbomolecular pump. (1) Inlet flange; (2) outlet flange;
(3) cable to frequency-converter power supply; (4) high-speed, low-voltage,
three-phase motor; (5) rotor blades; (6) stator assembly; (7) lubricating oil res-
ervoir. (Reprinted from ‘‘Vacuum Manual,’” copyright 1974 by E. & F. N.
Spon, London.)

Turbomolecular pumps employ arotor with multiple disks made with
slots or formed into turbine blades revolving at 15,000 to 50,000 r/min
(depending on diameter) in a cylindrical housing stacked with annular
stator disks fitting between the rotor disks and also provided with slots
or blades inclined at a reverse angle. In the horizontal-axis, dual-disk
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Fig. 14.4.5 Hybrid turbomolecular pump with molecular drag stages. (Re-
printed with permission fromthe Journal of Vacuum Science and Technology, vol.
11. p. 1616. 1993

assembly turbopump (U.S. Patent 2,918,208), the gas enters through a
large central port and then flowsto the left or right through separate disk
assemblies parallel to the axis. In the vertical single-disk assembly tur-
bopump [EIg.14.4.9), the gas enters through a protective screen in a
large inlet port (1) and is impelled downward parallel to the axis by
rotor blades (5) with tip speeds of about 300 m/s. Turbopumps with a
magnetically suspended rotor can usually be cooled by ambient air, but
pumps using oil- or grease-lubricated rotor bearings require water or
forced-air cooling. Grease-lubricated pumps can be mounted in any
orientation. The compression ratio increases rapidly with the molecular
weight of the gas, and thus the vacuum produced is essentially free of
vapors from lubricating oils or forepump fluid as long as the pump is
operating. Shortly after switching a turbopump off, or after a power
failure, dry gas should be flushed through the rotor assembly to prevent
back migration of any oil vapor from the forepump. However, to ensure
complete protection of the system from organic vapors, it isdesirable to
use turbopumps compounded with molecular drag stages or pumpswith
hybrid rotors employing a series of disk blades nested in grooved stators
below the turbine blades, as shown inEig_14.485] which alow the
operating exit pressure to be extended up to 10 torr so that oil-vapor-free
“*dry’’ mechanical backing pumps can be used. (M. H. Hablanian,
J. Vac. Sci. Technol. A, 11, p. 1614, 1993.)

INSTALLATION

In atypica assembly of pumps for a high vacuum system
the diffusion pump A must be located close to the chamber B and should
always have awater-cooled or refrigerated baffle C over the pump inlet
so that vapor scattered back from the jets (backstreaming) will be con-
densed and returned as liquid to the pump. The pipe or manifold, which
may include a valve D, connecting the chamber and the baffled pump
should be of diameter equal to or larger than the inlet of the pump, and
the length of the passage between the baffled pump and the chamber
should preferably be not more than about 3 times the mean diameter of
the passage. A space at least 6 in high should be allowed below the
diffusion pump boiler E for easy servicing of the heaters, draining the
pump fluid, or removal of the pump from the system.

Some mechanical pumps have appreciable vibration so that they
should be firmly anchored or mounted on vibration damping pads, and
flexible metal bellows Q should be installed in the forevacuum line.
These bellows also aid in aligning the pumps during assembly. It is not
necessary to have the mechanical pumps near the chamber because the
resistance to gas flow of moderate lengths of pipe having the same
diameter as the inlet of these pumpsis not sufficiently large to create a
serious pressure drop at mean pressures above 200 mtorr. Below 200
mitorr the pressure drop along the pipeislarger, but usualy the diffusion
pump operation is not affected unless the limiting forepressure (about
100 to 600 mtorr) is exceeded at the pump outlet.

VAPOR CONTAMINATION

The vapors evolved from vacuum systems may be condensed within
mechanical pumps or the intercondensers of steam-gjector systems. If
the condensed vapor is the same as the working fluid in the pump, such
as water vapor condensed in ‘‘wet”’ vacuum pumps, no harm is done,
provided that the fluid level is maintained at the optimum working
vaue. If the condensed vapor can be separated from the working fluid
by centrifuging, evaporation, filtering, or settling, suitable separating
means can be installed. In certain types of rotary pumps the Gaede
gas-ballast principle may be employed to avoid condensation by admit-
ting air at a certain point in the compression cycle. If separation cannot
be satisfactorily accomplished during operation of the pump, the vapor
should be condensed in cold traps or liquid absorption columns before
reaching the pump.

Baffles and traps are often required to prevent the backstreaming or
migration of the pump operating fluid or sealing fluid into the high-va-
cuum chamber. Unless cooled baffles and traps or sorption traps for oil
vapor are included in the connecting line, the ultimate pressure in the
vacuum chamber will usuallv not be less than the vapor pressure of the



pump fluid at ambient temperature. While a water-cooled ‘‘ optically
tight'” baffleinstalled above theinlet of adiffusion pump will condense
the backstreaming pump-fluid vapor and return most of the fluid to the
pump, some fluid will reevaporate from such a baffle and migrate back
into the vacuum chamber. To reduce the partial pressure of pump-fluid
vapor below the vapor pressure at the water cooling temperature it is
necessary to add a cold trap or baffle refrigerated to temperatures usu-
ally below the pour point of the fluid. These cold traps must be periodi-
cally warmed and the condensate removed to avoid inefficient cooling
of the exposed surfaces during operation.

FLOW OF GASES AT LOW PRESSURE

The pipe line between the high-vacuum pump and the vacuum chamber
limits the volumetric flow so that the net pumping speed as measured by
avacuum gage located in the chamber isgiven by S, = SU/(S, + U),
where S is the measured speed of the pump at its inlet and U is the
conductance of the pipe defined by U = Q/(P, — Py), where Q is the
throughput, P, isthe pressurein the chamber, and P, isthe pressure near
theinlet of the pump as measured by agageinstalled in asimilar manner
to that used to determine the pump speed S,. When there is no loss or
gain of gas within the pipeline, Q = §,P, = Py = U(P, — Pp).

The conductance of a pipe depends on the geometry and the K nudsen
number K (defined as the ratio of the mean free path of the gas mole-
cules to the mean diameter of the cross section) as well as the direction
and velocity of the molecules entering the pipe. For K > 1 the conduc-
tance for air in litres per second at 25°C of a circular pipe of length L
(feet) and inside diameter D (inches) connecting a high-vacuum pump
to a chamber of diameter greater than 3D, including the ‘‘entrance
correction’” at the chamber, but neglecting the *‘ exit correction’’ at the
pump which depends on the inlet diameter and other factors, may be
caculated from U = 6.6D3%(L + 0.11D). The effect of right-angle
bends in the pipe for ‘‘molecular flow’* K > 1 and for L > D/3 may be
approximated by adding 0.05D to L for each bend (where L isin feet
and D ininches). A singleright-angle bend in ashort pipe (L < D/3) has
practically no effect on the conductance as computed for a straight pipe
of the same length along the centerline [Davis, J. Appl. Phys, 5, 358
(1954)].

When K < 0.01, the conductance in litres per second for air at 20°C
of along circular pipe length L (feet) and diameter D (inches) may be
calculated from U = 0.25D“P/L, where P is the mean pressure in the
pipe in millitorr (micrometers of Hg). For 0.01 < K < 1 the conduc-
tance for air at 20°C of along tube can be estimated from

y - 0250 (1 + O.65DP> (6.6D3>
L 1+ 0.80DP L

The size of the primary pump, which acts asa‘‘roughing pump’’ to
pump the chamber down from atmospheric pressure to a pressure at
which a diffusion pump or other high-vacuum pump can operate, may
depend on the peak gas load during the process as well as the desired
pump-down time. However, the size indicated by the peak load condi-
tion is frequently much smaller than the size required to meet the speci-
fied pump-down or roughing time. In this case, if the process cycle is
much longer than the pump-down time, it is advisable to use two fore-
pumps (primary pumps), a large one (G ilFig—1Z42) for roughing
down and a smaller one (H in[Elg—T4.4.2) for holding the vapor pumps
during the roughing period and backing them during the processing
period. Roots-type blowers are useful for shortening the roughing time
for large chambersin the range below 20 torr and for handling unusually
large bursts of gas which occur in some processes (F in[Elg.T4.4.2).

An oil-sealed rotary mechanical pump is normally used as the pri-
mary pump, and the roughing timet, (in minutes) required to evacuate a
chamber of volume V (cubic feet) from atmospheric pressure to about
0.7 torr at which high-vacuum pumps begin to operate can be estimated
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from t, = 10V/C, where C is the rated speed (cubic feet per minute) at
atmospheric pressure of the rotary pump. Since the speed of the high-
vacuum pumpsis usually of the order of 100 timesthat of the forepump,
the pressure should drop quickly as soon as the high-vacuum pumps
‘‘take hold,”” but below 10~ 4 torr the pressure may begin to decrease
more slowly because of the out-gassing of the materials exposed inside
the vacuum system.

For most of the materials exposed in high-vacuum systems the out-
gassing rate can be assumed proportional to the exposed area A,,, a-
though for some very porous materials the rate is more proportional to
the bulk or mass. Except for evaporation from pure liquid or solid
phases, the outgassing rate normally decreases with time when the tem-
perature is constant. For many industrial-type vacuum systems it has
been found that the pressure P in the chamber decreases approximately
according to P = P, + K; A, /S;t* where P, isthe ultimate pressure, K,
is a constant which may be considered equal to the average outgassing
rate per unit area after 1 h of pumping, A, is the exposed area, t is the
total pumping time in hours, and « is an exponent which is usually
nearly constant for the first few hours. For rough calculationsin typical
metal vacuum systems it may be assumed that « = 1, but for systems
containing large amounts of elastomers or plastics « may be closer to
0.5 [Dayton, Trans. 6th Natl. Vacuum Symp., pp. 101-119, Pergamon
Press, Oxford, 1960; Kraus, ibid., pp. 204—205].

When the system is first evacuated after prolonged exposure to the
atmosphere, most of the outgassing load for the first 10 to 100 h is
usually water vapor, and for unbaked metal systemsthe numerical value
of K, isof theorder of 10-4when A,,,isin squarefeet and S, in litres per
second. For systems containing large amounts of elastomers or plastics
K, ismore of the order of 10~ 3to 10~ 2. Systems constructed entirely of
metal and glass may be heated to temperatures as high as 500°C to
accelerate the outgassing, the average rate increasing by approximately
afactor of 10 for each 100°C increase in temperature. In order to reach
10-% torr in 10 h in an unconditioned vacuum chamber, the net pump-
ing speed (in litres per second) should be 10 to 100 times the exposed
area (in square feet).

The time t, (in minutes) to vent a vacuum chamber of volume V
(cubic feet) from pressures less than 1 mtorr to atmospheric pressure
through a standard globe valve of nominal diameter D (inches) is given
approximately by t, = V/100D2. The ail in the boiler of oil diffusion
pumps should be cooled to below 100°C before opening the pump to
atmospheric pressure.

APPLICATIONS OF HIGH-VACUUM PUMPS

Steam gjectors, Roots-type blowers, diffusion-gjector oil vapor pumps,
and rotary piston pumps are used to produce pressures in the 101
to 10~ 4 torr range for distillation of plasticizers, fat-soluble vitamins,
and certain other organic chemicals; for dehydration of frozen foods,
animal tissue, blood plasma, serum, and antibioctics; for refining, de-
gassing, and casting metalsin vacuum furnaces; for vacuum sintering of
cermets and powder metallurgy parts; for vacuum annealing of special
alloys; and for pumping down vacuum chambers to a pressure at which
high-vacuum pumps can begin operation. Diffusion pumps, getter-ion
pumps, and turbomolecular pumps are used to evacuate radio, televi-
sion, and X-ray tubes and vacuum-insulated containers before sealing
off; to produce pressures in the 10~ 3 to 10~ © torr range in chambers for
coating injection-molded plastic parts, rolls of plastic sheet, glassplates,
and other substrates with aluminum and other metal films; for coating
optical parts with antireflection films or layers producing dichroic
mirrors and interference filters; for depositing metal and semiconductor
films to produce microel ectronic circuits; to maintain pressures of 10~ 4
to 10~ 7 torr in mass spectrometers, electron microscopes, synchrocy-
clotrons, betatrons, and other devices for accelerating or separating
charged particles.
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Symbols

A = areg, ft2 (m2)

b = barometric pressure, in Hg (Pa)
D = diameter, ft (m)
D, = specific diameter, ft (m)

H = fan power input, hp (W)
Ho = fan power output, hp (W)

h = head, ft (m)

K, = compressibility factor, dimensionless
L, = sound pressure level, dB
L,, = sound power level, dB

L.s = specific sound power level, dB
log = logarithm to base 10

M = molecular weight, dimensionless

N = speed of rotation, r/min

Ns = specific speed, r/min

n = number or polytropic exponent
ps = fan static pressure, in wg (Pa)
p, = fan total pressure, in wg (Pa)

p, = fan velocity pressure, in wg (Pa)
Py = Static pressure at plane x, in wg (Pa)
P, = total pressure at plane x, in wg (Pa)
P,x = velocity pressure at plane x, in wg (Pa)
Q = fan capacity, ft3/min (m3/s)

Q, = volumetric flow rate at plane x, ft3/min

(m3/s)
T = absolute temperature, °R (K)
W = power, W

x = factor used to determine K, dimensionless
z = factor used to determine K, dimensionless
y = isentropic exponent, dimensionless
ns = fan static efficiency, per unit

7, = fan totdl efficiency, per unit

p = fan air density, Ibm/ft3 (kg/m3)

p, = ar density at plane x, Ibm/ft3 (kg/m?)

Subscripts

1 = faninlet plane

2 = fan outlet plane

a = absolute

b = basic known conditions
¢ = calculated condition

r = reading

x = plane 1, 2, 3, or other

FAN TYPES AND NOMENCLATURE

Any device which produces a current of air may be called a fan. This
discussion will be limited to fans which have a rotating impeller to
produce the flow and a stationary casing to guide the flow into and out
of the impeller (sedFIg—TZ5T). The form of the casing or the impeller
may vary widely.

Fan Classification

One of the characteristics by which fans are classified is the nature of
the flow through the blade passages of the impeller. Axia flow, radial
flow, mixed flow, and cross flow are al possible in fan impellers. Cer-
tain fan names result from these classifications. Other fan names derive
from other characteristics.

Propeller fans, tube-axial fans, and vane-axial fans al utilize axial-
flow impellers, but their casings differ. Propeller fans may be mounted in
aring or panel. Tube-axia fans and vane-axial fans both use tubular
casings, but for vane-axial fans they are equipped with stationary guide
vanes. A great deal of the energy transferred to the air in axial-flow
machines is in kinetic form. Some of this kinetic energy can be trans-
formed into pressure energy by straightening the swirl, e.g., with vanes,
or by reducing the exit velocity, e.g., with a diffuser. Propeller fans
effect very little transformation and hence have very low pressure-pro-
ducing capability. Vane-axial fans can be equipped for maximum trans-
formation as well as high transfer of energy and hence have high pres-
sure-producing potential depending on tip speed and blade angles. High
hub ratios promote high energy transfer.

Centrifugal fans and tubular centrifugal fans both utilize radial-flow
impellers. Centrifugal fans usually employ avolute or scroll-type casing,
the flow entering the casing axially and leaving tangentially. Tubular
centrifugal's use tubular casings so that the flow both entering and leav-
ing the casing is axial. A considerable portion of the energy transferred
totheair in aradial-flow machineisdueto centrifugal action; hence the
name centrifugal fan. Since centrifugal action varies with blade depth,
the pressure-producing capability of radial-flow fanswill vary with this
factor as well as tip speed and blade angles.

Blastarea
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Inlet collor
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Inlet bell —a
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Fig. 14.5.1 Elements of fans and preferred terminology. (a) Centrifugal fans;
(b) axial fans. (Based on ACMA Publ. 201.)



Mixed-flow impellers can be used in either axial or scroll-type casings.
They are characterized as mixed flow because both axial and radial flow
take place in the blading. Mixed-flow impellers used in axia-flow cas-
ings have a hub similar to a pure axia-flow impeller, but the inlet
portion of the blading extends down over the face of the hub, thereby
giving some radial guidance. Mixed-flow impellers used in scroll-cased
fans have blades which give most of the axia guidance in the inlet
portion and most of the radial guidance in the discharge portion.

In acrossflow impeller, the air passes through the blading twice, en-
tering more or less tangentially through the tip, passing across the im-
peller and out the other side. The casings are designed to provide this
transverse flow. Cross-flow fans are also known as tangential fans or
transverse-flow fans. Pressure-producing potential is low and depends
on the formation of a vortex as the air leaves the impeller.

Fan Details

Propeller fans and other axial fans may use blades shaped to airfoil
sections or blades of uniform thickness. Blading may be fixed, adjust-
able at standstill, or variablein operation. Propeller fans have very small
hubs. Hub-to-tip diameter ratios ranging from 0.4 to 0.7 are common in
vane-axial fans. The larger the hub, the more important it is to have an
inner cylinder approximately the hub size located downstream of the
impeller. The guide vanes of avane-axial fan are located in the annular
space between the tubular casing and the inner cylinder. Diffusers are
generally used between the fan and the discharge ductwork.

Centrifugal fans use various types of blading. Forward-curved blades
are shallow and curved so that both the tip and the heel point in the
direction of rotation. Radial and radial-tip blades both are radia at the
tip, but the latter are curved at the heel to point in the direction of
rotation. Backward-curved and backward-inclined blades point in the
direction opposite rotation at the tip and in the direction of rotation at
the heel. All the above blades are of uniform thickness and are designed
for radial flow. Airfoil blades have backward-curved chord lines so that
the leading edge of the airfoil is at the heel pointing forward and the
trailing edge at the tip pointing backward with respect to rotation. Im-
pellersfor all blade shapes are usually shrouded and may have single or
double inlets. Blade widths are related to the inlet-to-tip-diameter ratio.
Tip angles may vary widely, but heel angles should be set to minimize
entrance losses. Scroll casings may be fitted with a streamlined inlet
bell, an inlet cone, or simply a collar.

Tubular centrifugals may be designed for backward-curve, air-foil
or mixed-flow impellers. An inlet bell and discharge guide vanes are
required for good performance.

Crossflow fans utilize impellers with blading similar to that of a
forward-curved centrifugal, but the end shrouds have no inlet holes.
Blade-length-to-tip-diameter ratios are limited only by structural con-
siderations.

Power roof ventilators may use either axial- or radial-flow impellers.
The casings will include either a propeller fan mounting ring or a tubu-
lar casing to guide the flow for an axial-flow impeller. If aradial-flow
impeller is used, an inlet bell is required, but the scroll case may be
replaced by the ventilator hood.

All fan types may have direct or indirect drive arrangements. Various
standards including arrangement numbers have been adopted by
AMCA. Arr. 1 signifies an overhung impeller on a fan shaft with two
bearings on a base; Arr. 3 signifies an impeller on a fan shaft between
bearings; Arr. 4isfor overhung impeller on a motor shaft; Arr. 7 isArr.
3 with amotor base; Arr. 8 is Arr. 1 with an extended base for motor;
Arr. 9isArr. L with motor mounted on side of unit; Arr. 10isArr. Lwith
motor mounted inside of base. Rotation is specified as cw or ccw when
viewed from the drive side. All fans can be equipped with variable-
speed drives, variable inlet vanes, or dampers, but controllable-pitch
axials do not need speed or vane control.

FAN PERFORMANCE AND TESTING

The conventional terms used to describe fan performance in the United
States are defined blow.
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Fan Air Density Air density is the mass per unit volume of the air.
The density of a perfect gasis afunction of its molecular weight, tem-
perature, and pressure as indicated by
M 5297 b,

386.7 T, 29.92

where the subscript x indicates the plane of the measurements. For dry
air this reduces to

Px

e = 1.3250,/T,

This expression will usually be accurate enough even when moist air is
involved. Fan air density is the density of the air corresponding to the
total pressure and total temperature at the fan inlet
pP=p1

Fan Capacity Volume flow rate is usually determined from pres-
Sure measurements, e.g., a velocity-pressure traverse taken with a Pitot
static tube or a pressure drop across a flowmeter. The average velocity
pressure for a Pitot traverse is

Pox = (EVPe/N)?
where subscript x indicates the plane of the measurements, subscript r
indicates a reading at one station, n is the number of stations, and X is
the summation sign. The corresponding capacity is:
Q. = L097AYp,Jp,
For aflow meter
Q, = 1,097CA YVAp/p,/F
where C = coefficient of discharge of meter, Y = expansion factor for
gas, Ap = measured pressure drop, and F = vel ocity-of-approach factor
for the meter installation. Fan capacity is the volumetric flow rate at fan
air density
Q= Qulp

Fan Total Pressure Fantotal pressure is the difference between the

total pressure at the fan outlet and the total pressure at the fan inlet
Pt = Pz = Pu
When the fan draws directly from the atmosphere.
Ppp=0
When the fan discharges directly to the atmosphere,
Pz = P2

If either side of the fan is connected to ductwork, etc., and the measuring

plane is remote, the measured values should be corrected for the ap-
proximate pressure drop

P2 = P + APa—x Pu = Po + APyc—1
Fan Velocity Pressure Fan velocity pressure is the pressure corre-
sponding to the average velocity at the fan outlet

_ QZ/AZ)Z
=\ 1007 ) P2

Fan Static Pressure Fan static pressure is the difference between
thefan total pressure and the fan velocity pressure. Therefore, fan static
pressure is the difference between the static pressure at the fan outlet
and the total pressure at the fan inlet

Ps =Pt~ Pv= P2 — P
Fan Speed Fan speed is the rotative speed of the impeller.
Compressibility Factor  The compressibility factor istheratio of the
fan total pressure p{ that would be developed with an incompressible
fluid to the fan total pressure p, that is developed with a compressible
fluid, all other conditions being equal:
[V/(n — D] [(ProalPraa) " — 1]
(Ptza/Pria) — 1

P
KP=E:
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Compressibility factor can be determined from test measurements using

X = PPua .
z=[(y — D/v] 6356H/Qpy,
Ky = [zlog (1 + X)]/[xlog (1 + 2)]

Fan Power Output Fan power output is the product of fan capacity
and fan total pressure and compressibility factor

H, = QpiK,/6,356

Fan Power Input Fan power input isthe power required to drive the
fan and any elementsin thedrive train which are considered apart of the
fan. Power input can be cal culated from appropriate measurementsfor a
dynamometer, torque meter, or calibrated motor.

Fan Total Efficiency Fan tota efficiency is the ratio of the fan
power output to the fan power input

. = QpK,/6,356H

Fan Static Efficiency Fan static efficiency isthe fan total efficiency
multiplied by the ratio of fan static pressure to fan total pressure

Ns = pS/ pt

Fan Sound Power Level Fan sound power level is 10 times the
logarithm (base 10) of the ratio of the actual sound power in watts to
10~ 12 watts,

L, = 10 log (W/10-12)

Fan sound power level can be calculated from sound pressure-level
measurements in aknown acoustical environment. The standard labora-
tory method of testing is to use a calibrated sound source to calibrate a
semireverberant room. In-duct test methods are being developed. The
total sound power level of afan is usualy assumed to be 3 dB higher
than either theinlet or outlet component. The casing component varies
with construction but will usually range from 15 to 30 dB less than the
total.

Head The difference between head and pressure isimportant in fan
engineering. Both are measures of the energy inthe air. Head is energy
per unit weight and can be expressed in ft - Ib/Ib, which is often abbre-
viated to ft (of fluid flowing). Pressure is energy per unit volume and
can be expressed in ft - Ib/ft3, which simplifies to Ib/ft2 or force per unit
area. The use of the inch water gage (in wg) is a convenience in fan
engineering reflecting the usual methods of measurement. It soundslike
a head measurement but is actually a pressure measurement corre-
sponding to 5.192 |b/ft2, the pressure exerted by a column of water 1
inch high. Pressures can be converted into heads and vice versa:

p=ph/5192  h=5192p/p

For instance, for air at 0.075 Ibm/ft3 density, 1 in wg corresponds to
69.4 ft of air. That is, a column of air at that density would exert a
pressure of 5.192 Ib/ft2. Lighter air would exert less pressurefor agiven
head. For a given pressure, the head would be higher with lighter air.
Although it is not widely used in the United States, head is commonly
used in a number of European countries.

Fans, like other turbomachines, can be considered constant-head-
constant-capacity (volumetric) machines. This means that a fan will
develop the same head at a given capacity regardless of the fluid han-
died, all other conditions being equal. Of course, this also meansthat a
fan will develop a pressure proportiona to the density at a given capac-
ity, al other conditions being equal.

All the preceding equations are based on the U.S. Customary Units
listed under Symbols. If S units are to be used, certain numerical coeffi-
cients will have to be modified. For instance, substitute v2 for 1,097 in
the flow equations when using Pa for pressure, kg/ms? for density, and
m3/sfor capacity. Similarly, substitute 1.0 for 6,356 in the power equa-
tions when using Pa for pressure, m3/s for capacity, and W for power.

Common metric practice in fan engineering leads to other numerical
coefficients. When mm wyg is used for pressure, m®/s for capacity, kW
for power, and kg/m3 for density, substitute 4.424 for 1,097 in the flow
equations and 102.2 for 6,356 in the power equations.

The preceding discussion utilized what may be termed the volume-
flow-rate-pressure approach to expressing fan performance. An aterna-
tive, the mass-flow-rate-specific-energy approach is equally valid but not
generally used in the United States. Refer to ASME PTC-11 for addi-
tional details.

FAN AND SYSTEM PERFORMANCE
CHARACTERISTICS

The performance characteristics of afan are best described by a graph.
The conventional method of graphing fan performanceisto plot aseries
of curves with capacity as abscissaand al other variables as ordinates.
System characteristics can be plotted in a similar manner.

System Characteristics

Most systems served by a fan have characteristics which can be de-
scribed by a parabola passing through the origin; i.e., the energy re-
quired to produce flow through the system (which can be expressed as
pressure or head) varies approximately as the square of the flow. In
some cases, the system characteristics will not pass through the origin
because the energy required to produce flow through an element of the
system may be controlled at a particular value, e.g., with venturi scrub-
bers. In some cases, the system characteristic will not be parabolic
because the flow through an element of the system islaminar rather than
turbulent, e.g., in some types of filters. Whatever the case, the system
designer should establish the characteristics by determining the energy
requirements at various flow rates. The energy requirement (pressure
drops or head losses) for each element can be determined by reference
to handbook or manufacturer’s literature or by test.

The true measure of the energy requirement for a system element
is the total pressure drop or the total head loss. Only if the entrance
velocity for the element equals the exit velocity will the change in
static pressure equal the total pressure drop. There are some advantages
in using static pressure change, but the system designer is usually well
advised to use total pressure drops to avoid errors in fan selection.
The sum of the total pressure losses for elements on the inlet side of the
fan will equal — p,;. This should include energy losses at the entrance
to the system but not the energy to accelerate the air to the velocity at
the fan inlet, which is chargeable to the fan. The sum of the total pres-
sure losses for elements on the discharge side of the fan will equal p,.
This should include the kinetic energy of the stream issuing from the
system. The total system requirement will be the arithmetic sum of all
the appropriate losses or the algebraic difference p,, — py, which is
also p;.

A system characteristic curve based on total pressureisplotted iflEig]

[IZ52. A characteristic based on static pressureis also shown. The latter
recognizes the definition of fan static pressure so that the only differ-
ence is the velocity pressure corresponding to the fan outlet velocity.
This system could operate at any capacity provided a fan delivered the
exact pressure to match the energy requirements shown on the system
curve for that capacity. The advantages of plotting the system charac-
teristics on the fan graph will become evident in the following discus-
sions.
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Fan Characteristics

The constant-speed performance characteristics of afan are illustrated
in[EIQT45.2] These characteristics are for a particular size and type of
fan operating at a particular speed and handling air of a particular den-
sity. The fan can operate at any capacity from zero to the maximum
shown, but when applied on aparticular system the fan will operate only
at the intersection of the system characteristics with the appropriate fan
pressure characteristic. For the case illustrated, the fan will operate at
Q = 27,300 ft3/min and p, = 3.4 inwg or p; = 3inwg, requiring H =
18.3 hp at the speed and density for which the curves were drawn. The
static efficiency at this point of operation is 73 percent, and the total
efficiency is 80 percent. If the system characteristic had been lower, it
would haveintersected the fan characteristic at ahigher capacity and the
fan would have delivered more air. Contrariwise, if the system charac-
teristic had been higher, the capacity of the fan would have been less.
Capacity reduction can be accomplished, in fact, by creating additional
resistance, as with an outlet damper.

[Figure TAE 3 illustrates the characteristics of afan with damper con-
trol, variable inlet vane control, and variable speed control. These par-
ticular characteristics are for a backward-curved centrifugal fan, but the
genera principles apply to al fans. Outlet dampers do not affect the
flow to the fan and therefore can alter fan performance only by adding
resistance to the system and producing a new intersection. Point 1 isfor
wide-open dampers. Points 2 and 3 are for progressively closed damp-
ers. Note that some power reduction accompanies the capacity reduc-
tion for this particular fan. Variable-inlet vanes produce inlet whirl,
which reduces pressure-producing capability. Point 4 is for wide-open
inlet vanes and corresponds to point 1. Points 5 and 6 are for progres-
sively closed vanes. Note that the power reduction at reduced capacity is
better for vanes than for dampers. Variable speed is the most efficient
means of capacity control. Point 7 isfor full speed and points8 and 9 for
progressively reduced speed. Note the improved power savings over
other methods. Variable speed also has advantages in terms of lower
noise and reduced erosion potential but is generally at a disadvantage
regarding first cost.

[FEaure TZ5 4 ilustrates the characteristics of afan with variable pitch
control. These characteristics are for an axial-flow fan, but comparisons
to the centrifugal -fan ratingdInEIgT415.3 can be made. Point 10 corre-
sponds to points 1, 4, or 7. Reduced ratings are shown at points 11 and
12 obtained by reducing the pitch. Power savings can be almost as good
as with speed control. Notice that in al methods of capacity control,
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operation is at the intersection of a system characteristic with a fan
characteristic. With variable vanes, variable speed, and variable pitch,
the fan characteristic is modified. With damper control, the effect could
be considered a change in fan characteristics, but it generally makes
more sense to consider it a change in system characteristics.

Fan-System Matching

It has already been observed in the discussions of both system and fan
characteristics that the point of operation for one fan on a particular
system will be at the intersection of their characteristics. Stated another
way, the energy required by the system must be provided by the fan
exactly. If the fan delivers too much or too little energy, the capacity
will be more or less than desired. The effects of utilizing dampers,
variable speed, variable-inlet vanes, and variable pitch wereillustrated,
but in all casesthe fan was preselected. The more general caseistheone
involving the selection or design of a fan to do a particular job. The
design of a fan from an aerodynamicist’s point of view is beyond the
scope of this discussion. Fortunately, most fan problems can be solved
by selecting afan from the many standard lines available commercially.
Again, the crux of the matter is to match fan capability with system
requirements.

Most fan manufacturers have several standard lines of fans. Each line
may consist of various sizes all resembling each other. If the blade
angles and proportions are the same, the line is said to be homologous.
Thereisonly onefan sizein aline of homologous fans that will operate
at the maximum efficiency point on agiven system. If thefanistoo big,
operation will be at some point to the left of peak efficiency on a
standard characteristic plot. If the fan is too small, operation will be to
theright of peak. In either caseit will be off peak. A dlightly undersized
fan is often preferred for reasons of cost and stability.

Selecting and rating a fan from a catalog is a matter of fan-system
matching. When it is recognized that many of the catalog sizes may be
able to provide the capacity and pressure, selection becomes a matter of
trying various sizes and comparing speed, power, cost, etc. The choice
is amatter of evaluation.

There are various reasons for using more than one fan on a system.
Supply and exhaust fans are used in ventilation to avoid excessive pres-
sure build-up in the space being served. Forced and induced-draft fans
are used to maintain a specified draft over the fire. Two fans may fit the
available space better than one larger fan. Capacity control by various
fan combinations may be more economical than other control methods.
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Fig. 14.5.3 Fan characteristics with (a) damper control, (b) variable-inlet vane control, (c) variable speed control.
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Multistage arrangements may be necessary when pressure requirements
exceed the capabilities of asingle-stage fan. Standby fansare frequently
required to ensure continuous operation.

When two fans are used, they may be located quite remote from each
other or they may be close enough to share shaft and bearings or even
casings. Double-width, double-inlet fans are essentially two fansin par-
dlel in a common housing. Multistage blowers are, in effect, two or
more fansin seriesin the same casing. Fans may also bein series but at
opposite ends of the system. Parallel-arrangement fans may have almost
any amount of their operating resistance in common. At one extreme,
the fans may have common inlet and discharge plenums. At the other
extreme, the fans may both have considerable individual ductwork of
equal or unequal resistance.

Fans in series must all handle the same amount of gas by weight
measurements, assuming no losses or gains between stages. The com-
bined total pressure will be the sum of the individual fans, total pres-
sures. The velocity pressure of the combination can be defined as the
pressure corresponding to the velocity through the outlet of the last
stage. The static pressure for the combination is the difference between
its total and velocity pressures and is therefore not equal to the sum of
theindividual fan static pressures. The volumetric capacities will differ
whenever the inlet densities vary from stage to stage. Compression in
one stage will reduce the volume entering the next if there is no reex-
pansion between the two. As with any fan, the pressure capabilities are
aso influenced by density.

The combined total pressure-capacity characteristic for two fans in
series can be drawn by using the volumetric capacities of the first stage
for the abscissa and the sum of the appropriate total pressures for the
ordinate. Because of compressibility, the volumetric capacities of the
second stage will not equal the volumetric capacities of the first stage.
The individual total pressures must be chosen accordingly before they
are combined. If the gas can be considered incompressible, the pres-
sures for the two stages may be read at the same capacity. In the area
near free delivery, it may be necessary to estimate the negative pressure

characteristics of one of the fans in order to combine values at the
appropriate capacity.

Fans in paralled must all develop sufficient pressure to overcome
the losses in any individual ductwork, etc., as well as the losses in the
common portions of the system. When such fans have no individual
ductwork but discharge into a common plenum, their individual veloc-
ity pressures arelost and the fans should be selected to produce the same
fan static pressures. If fan velocity pressures are equal, the fan total
pressures will be equal in such cases. When the fans do have individual
ducts but they are of equal resistance and joined together at equal veloc-
ities, the fans should be selected for the same fan total pressures. If fan
velocity pressures are equal, fan static pressures will be equa in this
case. If the two streamsjoin together at unegual velocities, there will be
atransfer of momentum from the higher-velocity stream to the lower-
velocity stream. The fans serving the lower-velocity branch can be se-
lected for a correspondingly lower total pressure. The other fan must be
selected for a correspondingly higher total pressure than if velocities
were equal.

The combined pressure-capacity curves for two fans in paralel can
be plotted by using the appropriate pressures for ordinates and the sum
of the corresponding capacities for abscissa. Such curves are meaning-
ful only when a combined-system curve can be drawn. In the area near
shutoff, it may be necessary to estimate the negative capacity character-
istics of one of the fans in order to combine values at the appropriate
pressure.

[Frgure TA53illustrates the combined characteristics of two fanswith
slightly different individual characteristics (A-A and B-B). The com-
bined characteristics are shown for the two fans in series (C-C) and in
paralel (D-D). Only total-pressure curves are shown. This is aways
correct for series arrangements but may introduce slight errors for par-
alel arrangements. An incompressible gas has been assumed. The
questionable areas near shutoff or free delivery have been omitted. Two
different system characteristics (E-E and F-F) have been drawn on the
chart. With the two fansin series, operation will be at point EC or FC if
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thefan is on system E or F, respectively. Parallel arrangement will lead
to operation a ED or FD. Single-fan operation would be at the point
indicated by the intersection of the appropriate fan and system curves
provided the effect of an inoperative second fan is negligible. Some sort
of bypass is required around an inoperative fan in series whereas an
inoperative fan in parallel need only be dampered shut. Parallel opera-
tion yields a higher capacity than series operation on system F, but the
reverse is true on system E. For the type of fan and system characteris-
tics drawn there is only one possible point of operation for any arrange-
ment.

Fan Laws

Thefan laws are based on the experimentally demonstrable fact that any
two members of a homologous series of fans have performance curves
which are homologous. At the same point of rating, i.e., at similarly
situated points of operation on their characteristic curves, efficiencies
are equal and other variables are interrelated according to the fan laws.
If size and speed are considered independent variables and if compress-
ibility effects are ignored, the fan laws can be written as follows:

e = o

Qc = Qu(Dc/Dp)*(N/Ny)

P = ptb(Dc/Db)z(Nc/Nb)z(pc/pb)

Hc = Hb(Dc/Db)S(Nc/Nb)3(pc/pb)

Lwe = Ly + 70l0g (D./Dy) + 50 log (N/N,)
+201og (pc/py)

The above laws are useful, but they are dangerous if misapplied. The
calculated fan must have the same point of rating as the known fan.
When in doubt, it is best to reselect the fan rather than attempt to use the
fan laws.

The fan designer utilizes the fan laws in various ways. Some of the
more useful relationshipsin addition to those above derive from consid-
ering fan capacity and fan total pressure as the independent variables.
This leads to specific diameter, specific speed, and specific sound
power level:

D, = D(pi/p) QY2
N = NQ¥2/(p/p)**
Lus = Ly — 1010g Q — 20 log p,
D, N, and L, are the diameter, speed, and sound power level of a
homologous fan which will deliver 1 ft3/min at 1inwg at the same point

of rating as Q and p, for D and N. D¢ and Ng can be used to advantagein
fan selection. They can aso be used by a designer to determine how
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well aline will fit in with other lines. Thisisillustrated in[FIg—_14.5.6]
Each segment represents a particular fan line. Note the trends for each
kind of fan. Incidentally, some fan engineers utilize different formulas
for specific diameter and specific speed

De = DPE4/Q¥2  Ng = NQY2/pg4

where p, is the equivalent total pressure based on standard air. This
makes Dg, = D¢ X 1.911 and Ny, = Ng X 6.978.

Specific sound power level isuseful in predicting noise levels aswell
asin comparing fan designs. There appears to be alower limit of L, in
the vicinity of forty-five dB for the more efficient types ranging to
70 dB or more for cruder designs. Actual sound power levels can be
figured from

Ly = Lys + 1010og Q + 20 log p,

Another useful parameter which derives from the fan laws is orifice
ratio

R, = Q/D(p/p)¥2

Thisratio can be plotted on acharacteristic curve for aknown fan. If the
ratio is determined for a calculated homologous fan, the point of rating
can be established by inspection. Other ratios can be used in the same
manner including p,/p;, p/Q?, D, and N.

Stability Considerations

The flow through a system and its fan will normally be steady. If the
fluctuations occasioned by atemporary disturbance are quickly damped
out, the fan system may be described as having a stable operating char-
acterigtic. If the unsteady flow continues after the disturbance is re-
moved, the operating characteristic is unstable.

To ensure stable operation the slopes of the pressure-capacity curves
for the fan and system should be of opposite sign. Almost all systems
have a positive slope; i.e., the pressure requirement or resistance in-
creases with capacity. Therefore, for stable operation the fan curve
should have a negative slope. Such is the case at or above the design

capacity.
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When the slopes of the fan and system characteristics are of opposite
sign, any system disturbance tending to produce a temporary decrease
in flow is nullified by the increase in fan pressure. When the slopes are
of the same sign, any tendency to decrease flow is strengthened by the
resulting decrease in fan pressure. When fan and system curves coincide
over arange of capacities, the operating characteristics are extremely
unstable. Even if the curves exactly coincide at only one point, the flow
may vary over a considerable range.

There may or may not be any obvious indication of unstable opera-
tion. The pressure and power fluctuations that accompany unsteady
flow may be so small and rapid that they cannot be detected by any but
the most sensitive instruments. Less rapid fluctuations may be detected
on the ordinary instruments used in fan testing. The changes in noise
which occur with each change in flow rate are easily detected by ear as
individual beats if the beat frequency is below about 10 Hz. In any
event, the overall noise level will be higher with unsteady flow than
with steady flow.

The conditions which accompany unsteady flow are variously de-
scribed as pulsations, hunting, surging, or pumping. Since these condi-
tions occur only when the operating point is to the left of maximum
pressure on the fan curve, this peak is frequently referred to asthe surge
point Or pumping limit.

Pulsation can be prevented by rating the fan to the right of the surge
point. Fans are usually selected on this basis, but it is sometimes neces-
sary to control the volume delivered to the value below that at the surge
point. This may lead to pulsation, particularly if the fan pressure ex-
ceeds 10 in wg.

If the required capacity is less than that at the pumping limit, pulsa-
tion can be prevented in various ways, al of which in effect provide a
negatively sloping fan curve at the actual operating point. To accom-
plish this effect the required pressure must be less than the fan capabili-
ties at the required capacity. One method is to bleed sufficient air for
actual operation to be beyond the pumping limit. Other possible meth-
ods are the use of pitch, speed, or vane control for volume reduction. In
any of these cases, the point of operation on the new fan curve must be
to theright of the new surge point. Although in the section on Capacity
Control dampers were considered apart of the system, they may also be
considered a part of the fan if located in the right position. Accordingly,
pulsations may be eliminated in a supply system if the damper ison the
inlet of the blower. Similarly, dampering at the outlet of the exhauster
may control pulsation in exhaust systems.

Another condition frequently referred to as instability is associated
with flow separation in the blade passages of an impeller and is evi-
denced by dlight discontinuitiesin the performance curve. There may be
a small range of capacities at which two distinctly different pressures
may be developed depending on which of the two flow patterns exists.
Such a condition usually occurs at capacities just to the left of peak
efficiency. Still another condition of unsteady flow may develop at
extremely low capacities. Thisis known as blowback or puffing because
air puffsin and out of a portion of the inlet. Operation in the blowback
range should be avoided, particularly with high-energy fans.

A different type of unsteady flow may occur when two or more fans
are used in parallel. If theindividual fan characteristics exhibit adip in
pressure between shutoff and design, the combined characteristic will
contain points where the point of operation of the individual fans may
be widely separated even for identical fans. If the system characteristic
intersects the combined-fan characteristic at such a point, the individual
fans may suddenly exchange loads. That is, the fan operating at high
capacity may become the one operating at low capacity and vice versa.
This can produce undesirable shocks on motors and ducts. Careful
matching of fan to system is required for either forward-curved centrif-
ugals or most axials for this reason.

Fan Applications

The selection of aparticular size and type of fan for aparticular applica-
tion involves considerations of aerodynamic, economic, and functional
suitability. Many of the factorsinvolved in aerodynamic suitability have
been discussed above. Determination of economic suitability requires

an evaluation of first cost and operating costs. The functional suitability
of various types of fans with respect to certain applications is discussed
below.

Heating, ventilating, and air-conditioning systems may require supply
and exhaust or return air fans. Historically, high-efficiency centrifugal
fans, using either backward-curved or airfoil blades have been used for
supply on duct systems. In low-pressure applications these types can be
used without sound treatment. In high-pressure applications, sound
treatment is amost always required. Axials have long been used for
shipboard ventilation because they generally can be made smaller than
centrifugals. Both adjustable axials and tubular centrifugals have
proved popular on duct systems for exhaust service in building ventila-
tion. Centrifugals with variable inlet vanes and axials with pitch control
are being used for supply in variable-air-volume systems. Propeller fans
and power roof ventilators are used for either supply or exhaust systems
when thereislittle or no ductwork. Heating, ventilating, and air-condi-
tioning applications are considered clean-air service. Various classes of
construction are availablein standard linesfor different pressure ranges.
Both direct and indirect drive are used, the latter being most common.

Industrial exhaust systems generally require fansthat are less suscepti-
ble to the unbalance that may result from dirty-gas applications than the
clean-air fans used for heating, ventilating, and air conditioning. Sim-
ple, rugged, industrial exhausters are favored for applications up to
200 hp. They have a few radial blades and relatively low efficiency.
Most are V-belt-driven. Extra-heavy construction may be required
where significant material passes through the fan.

Process air requirements can be met with either centrifugal or axial
fans; the latter may be used in single or double stage. The higher pres-
sure ratings are usually provided by a single-stage centrifugal fan with
radial blades, known as a pressure blower. These units are generally
direct connected to the driver. They not only compete with centrifugal
compressors but resemble them.

Large industrial process and pollution-control systems involving more
than about 200 hp are generally satisfied with a somewhat more sophis-
ticated fan than an industrial exhauster or pressure blower. Centrifugal
fans with radial-tip blades are frequently used on the more severe ser-
vice. For the less severe requirements, backward-curved or airfoil
blades may be used. Rugged fixed-pitch axials have also been used.
Industrial fans are usually equipped with inlet boxes and independently
mounted bearings and are usually direct-driven. Journal bearings are
usually preferred. Inlet-box damper control can be used to approximate
the power saving available from variable-inlet vane control. Variable-
speed hydraulic couplings may be economically justified in some cases.
Special methods or special construction may be required to provide
protection against corrosion or erosion. These fans tend to take on the
name of the application such as sintering fan, scrubber exhaust fan, etc.

Mechanical draft systems may utilize any of the fan types described in
connection with the above applications. Ventilating fans, industrial ex-
hausters, and pressure blowers have been used for forced draft, induced
draft, and primary air service on small steam-generating units. Thelarge
generating units are generally equipped with the most efficient fans
available consistent with the erosion-corrosion potential of the gas
being handled.

Both centrifugals and axials are used for forced and induced draft.
Axias have predominated in Europe, and there is a growing trend
throughout the rest of the world toward axials. Centrifugals have been
used amost exclusively in the United States until very recently.

Forced-draft centrifugals invariably have airfoil blade impellers. In-
duced-draft centrifugals may have airfoil-blade impellers, but for scrub-
ber exhaust, radial-tip blades are more common. Thisis due, in part, to
the high pressures required for scrubber operation and in part to the
erosion-corrosion potential downstream of a scrubber. Gasrecirculating
fans are usually of the radial-tip design. Forced-draft control may be by
variable speed but is more likely to be variable vanes on centrifugal
fans. Variable inlet vanes or inlet-box dampers may be used to control
induced-draft fans. All large centrifugals are direct-connected and have
independent pedestal-mounted bearings. Journal bearings are amost
always used.



Forced-draft axials are likely to be of the variable-pitch full-airfoil-
section design. Hydraulic systems are almost aways used for pitch
control, but pneumatic and mechanical systems have been tried. Bear-
ings are usually of the antifriction type. Fixed-pitch axials are usually
used for induced-draft duty. Control is by variable-inlet vanes. Either
journal or antifriction bearings may be used.

Other Systems

Fans are incorporated in many different kinds of machines. Electronic
equipment may require cooling fansto prevent hot spots. Driers use fans
to circulate air to carry heat to, and moisture away from, the product.
Air-support structures require fans to inflate them and maintain the
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supporting pressure. Ground-effect machines use fansto provide the lift
pressure. Air conditioners and other heat exchangers incorporate fans.
Aerodynamic, economic, and functional considerations will dictate the
type and size of fan to be used.

Tunnel ventilation can be achieved by using either axial or centrifu-
gal fans. Transverse ventilation utilizes supply and exhaust fans con-
nected to the tunnel by ductwork. These fans are rated in the manner
described above. Another method utilizes specially tested and rated
axia fans called jet fans. The fans, which are placed in the tunnel,
increase the momentum of some of the air flowing with the traffic. This
air induces additional flow.
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